University of Windsor

Scholarship at UWindsor
Electronic Theses and Dissertations

Theses, Dissertations, and Major Papers

2016

A One-dimensional Numerical Modelling Study of an Internal
Combustion Engine with Mono-scroll and Twin-scroll Turbines
Davide Borello
University of Windsor

Follow this and additional works at: https://scholar.uwindsor.ca/etd

Recommended Citation
Borello, Davide, "A One-dimensional Numerical Modelling Study of an Internal Combustion Engine with
Mono-scroll and Twin-scroll Turbines" (2016). Electronic Theses and Dissertations. 5803.
https://scholar.uwindsor.ca/etd/5803

This online database contains the full-text of PhD dissertations and Masters’ theses of University of Windsor
students from 1954 forward. These documents are made available for personal study and research purposes only,
in accordance with the Canadian Copyright Act and the Creative Commons license—CC BY-NC-ND (Attribution,
Non-Commercial, No Derivative Works). Under this license, works must always be attributed to the copyright holder
(original author), cannot be used for any commercial purposes, and may not be altered. Any other use would
require the permission of the copyright holder. Students may inquire about withdrawing their dissertation and/or
thesis from this database. For additional inquiries, please contact the repository administrator via email
(scholarship@uwindsor.ca) or by telephone at 519-253-3000ext. 3208.

A One-dimensional Numerical Modelling Study of
an Internal Combustion Engine with Mono-scroll
and Twin-scroll Turbines

by

Davide Borello

A Thesis
Submitted to the Faculty of Graduate Studies
through the Department of Mechanical, Automotive, and Materials Engineering
in Partial Fulfillment of the Requirements for
the Degree of Master of Applied Science
at the University of Windsor

Windsor, Ontario, Canada
2016

c 2016 Davide Borello

A One-dimensional Numerical Modelling Study of an Internal Combustion
Engine with Mono-scroll and Twin-scroll Turbines
by
Davide Borello

APPROVED BY:

Dr. R. Carriveau
Department of Civil and Environmental Engineering

Dr. J. Defoe
Department of Mechanical, Automotive, and Materials Engineering

Dr. A. Sobiesiak, Advisor
Department of Mechanical, Automotive, and Materials Engineering

August 25, 2016

Declaration of Originality
I hereby certify that I am the sole author of this thesis and that no part of this thesis
has been published or submitted for publication.
I certify that, to the best of my knowledge, my thesis does not infringe upon anyones
copyright nor violate any proprietary rights and that any ideas, techniques, quotations,
or any other material from the work of other people included in my thesis, published or
otherwise, are fully acknowledged in accordance with the standard referencing practices.
Furthermore, to the extent that I have included copyrighted material that surpasses the
bounds of fair dealing within the meaning of the Canada Copyright Act, I certify that I
have obtained a written permission from the copyright owner(s) to include such material(s)
in my thesis and have included copies of such copyright clearances to my appendix.
I declare that this is a true copy of my thesis, including any final revisions, as approved
by my thesis committee and the Graduate Studies office, and that this thesis has not been
submitted for a higher degree to any other University or Institution.

iii

Abstract
As a result of the engine-downsizing trend that has characterized the last decades, turbocharging has taken a central role in the automotive market. In this work the software
GT-Power was used to perform a one-dimensional modelling analysis of an engine with two
different turbine configurations: mono-scroll and twin-scroll. The main focus was on the
latter, for which performance maps provided by suppliers and measured in steady state
conditions do not allow to fully catch physical phenomena such as the cross-flow occurring
between the two scrolls before the turbine wheel. In this study two different modelling
approaches were considered to evaluate which of the two allowed a better matching with
experimental results. As outcome of this study, it was found that the best results were
obtained when using the modelling approach with only one performance map referring to
equal admission conditions.
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Chapter 1
Introduction

Turbo-charging has for a long time been viewed as a luxury device for power boost. More
recently this viewpoint has changed. This is partially due to the growing focus on environmental issues, but mostly due to the tightening of the regulations for emissions and fuel
economy. The shift towards the use of turbochargers has been in parallel with the introduction of engines with a reduced displacement. With this solution, the idea is to have an
engine that operates with the same performance thanks to some boosting system, but with
operating points that are shifted to an area of higher loads thanks to lower pumping losses.
At the same time this solution is able to guarantee some positive side effects such as a consistent reduction of weight and frictional losses, thus resulting in a significant improvement
in engine’s emissions and fuel efficiency. This downsizing approach has experienced large
success in Europe where gasoline prices are in general much higher. North America is now
moving in the same direction, but at a much lower rate.
A vehicle’s fuel economy is measured according to specific driving cycles, that should represent the typical usage of a car. The one used in Europe is the New European Driving
cycle (NEDC). The problem with this test procedure is that it imposes low accelerations,
many constant speed cruise events and many idling events. All these conditions are rarely
experienced in normal driving conditions and therefore, after a lot of criticism, a new test
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(a) New European Driving Cycle

(b) Worldwide harmonized Light-vehicle
Test Procedure

Figure 1.1: Differences between the actual and the future test cycles

procedure,called World harmonized Light-vehicle Test Procedure (WLTP) is being considered. Even if still not exactly representing the actual driving conditions, the improvement
is considerable as can be seen from Figure 1.1.
In the WLTP the number of fast acceleration events from low speed, like those experienced in city traffic, is greatly increased and this might be a problem for turbocharged
engines. Due to the low energy of the exhaust gases at low Revolution Per Minute and due
to the fact that the rotational inertia of turbocharger components under those conditions
is not negligible, a phenomenon known as turbo-lag is experienced. This is the delay perceived by the driver from the moment at which the gas pedal is pressed to the moment at
which the increase in torque is actually noticed. Of many possible solutions that have been
introduced to address this problem and improve the efficiency in this lower speed region,
one of the simplest and cheapest is the twin-scroll turbine. A standard turbocharger uses a
mono-scroll turbine, in which all the exhaust manifold runners converge into only a single
pipe that is directly fed into the turbine. The exhaust flow coming from the engine is highly
pulsating and the mono-scroll solution is not able to efficiently convert the energy contained
in the exhaust gases. In addition to that, these exhaust pulses caused by the opening of
the exhaust valves of one cylinder might interfere with another cylinder during its valve
overlap phase, thus increasing the quantity of residual gases and as a consequence also the
risk of knocking. The twin-scroll turbine configuration partially allows these issues to be
overcame. In this case the turbine features two inlets, one carrying the exhaust from half
of the cylinders and the other carrying the other half. The cylinders have to be grouped
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appropriately to avoid deleterious pressure interactions. As an example, in a 4-cylinder
engine with firing order 1-3-4-2, like the one considered in this study, one scroll will receive
the exhaust flow form cylinders 1 and 4 while the other will receive the exhaust flow from
cylinders 2 and 3. This allow to increase to 360◦ the gap between each pressure pulse in
each manifold section and a results it makes impossible for a pressure pulse to negatively
affect what happens into another cylinder during the valve overlap phase.

1.1

Problem statement and objectives

In this study, a turbocharged engine with both mono-scroll configuration and twin-scroll
configuration turbines will be modelled and the two solutions will be compared. The analysis
is done with a 1D modelling approach with the use of GT-Power, the leading software in
power-train modelling in the automotive field. Efficient reuse of models is important from
an industrial perspective, where components that have been investigated and thoroughly
validated can be used again, to speed up new projects. Hence, in this study a ”base model”
has been provided by Fiat Chrysler Automobiles as a starting point. This base model has
been deeply analysed by the author in a preliminary phase and some modifications, that
described in detail in Chapter 4, were implemented in order to adapt it to the case in this
study. Later on, when the actual analysis started, the base model was completed for the
different configurations with the missing exhaust manifolds and turbines. The modelling
of mono-scroll configuration is straightforward, but the same cannot be said for twin scroll
turbines. The issue is that, due to manufacturing tolerances, the two flows entering the
turbine can interact before coming into contact with the turbine wheel blades. The region
where this is possible is shown in Figure 1.2. Due to the pulsating nature of the exhaust flow
coming from an internal combustion engine, quite significant pressure difference between
the two scrolls can be experienced and some exhaust flow could recirculate in the other
scroll before reaching the turbine wheel. In a 1D model where the turbine performance is
described through steady-state maps, therefore it is difficult to capture this phenomenon and
a better understanding of this is required. To gain this understanding different approaches
will be evaluated in this study
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Figure 1.2: Twin-scroll turbine section showing the region where cross-flow can occurr

The objectives of this study are the following:
1. To compare the two engine with different turbine configurations using experimental
data and establish which gives the better performance. This constitutes Phase 1 of
the project
2. To set-up a complete 1D model of an engine with a mono-scroll turbine and to correlate
it with experimental data. This constitutes Phase 2 of the project.
3. To set-up a complete 1D model of an engine with a twin-scroll turbine and to correlate it with experimental data. Due to the challenges associated with modelling the
physical phenomenon, two different approaches will be compared in order to evaluate
which one gives the better matching with experiments. This constitute Phase 3 of the
project.
The required experimental data were measured in a preliminary phase of the project
and were provided by FCA to the author after the conclusion of the literature review. The
experimental set-up on which the data were measured will be described in Chapter 3.
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1.2

Thesis Organization

The remaining part of the present work is organized in the following chapters:
• Chapter 2: this chapter presents all the literature review performed by the author
in the early stage of the project. In the first part of the chapter the main feature of
the engine such as direct injection, cooled Exhaust Gas Recirculation, Uni-air valve
actuation system and turbocharger are described to give the reader a better understanding of the design choices for this engine. In the second part some more specific
works about 1D modelling of twin-scroll turbines is presented.
• Chapter 3: the engine main features and the test constraints are reported here. A
comparison of the experimental data coming from engine with mono-scroll turbine
and engine with twin-scroll turbine is also performed.
• Chapter 4: some important information about the software used to perform the analysis are given here. In addition to that, the most important components of the base
model provided by FCA are described.
• Chapter 5: the simulation procedure for steady-state is reported. The steps for the
completion of the models for both configuration are given. For the twin-scroll turbine
are also explained the two modelling approaches that will be compared in order to
assess which one gives the better matching with experimental results.
• Chapter 6: in the first part of this chapter are provided the results of the simulations
for the model correlation with experimental results, for both mono-scroll and twinscroll configuration. In the second part are reported the results of the sensitivity
analysis performed to assess which modelling approach is better for the twin-scroll
turbine.
• Chapter 7: conclusion and recommendations.
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Chapter 2
Background and state of the art

Most of this chapter deals with the description of important solutions, such as Downsizing,
Exhaust Gas Recirculation, Variable Valve Actuation, Direct injection and Turbo-charging,
in order to give to the reader a better understanding of the design choices for the engine
of this study. The latter section of this chapter is dedicated to the description of some
modelling solutions for the twin-scroll turbine configuration.

2.1

Downsizing

Improvement of fuel economy is the goal that today is leading all car manufacturers’ strategic
decisions. This means that a higher portion of the chemical energy contained in the fuel
should be converted into useful work and such a task can be achieved only through a
reduction in terms of engine losses.
The tendency that has consolidated in the last decade is the production of high specific
power engines, characterized by a lower displacement and a higher specific mechanical
power. This approach has been referred to as downsizing and was made possible only by
the development of modern boost systems (mechanically driven or exhaust driven). This
kind of boosting systems are necessary in order to reach an increased specific output, so as
to balance the reduction in the engine displacement. One could explain the wide-spreading
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of this solution observing that, on standard driving cycles, an engine spends the majority
of its time operating at light load. When a naturally aspirated engines operates in this
conditions, the pumping work done to overcome the flow restriction of the throttle and the
higher friction work associated with these normally larger engines result in a significant
penalty in terms of specific fuel consumption. As a consequence of this, the majority of
car makers has replaced their engines with smaller turbocharged ones that, in the same
operating conditions, will experience reduced losses. In fact, in order to guarantee the
same power output as the original configuration, this power-train solution will spend an
higher portion of time operating at higher Brake Mean Effective Pressure. In figure 2.1 it
is given an example of an engine map for a naturally aspirated engine in which iso-lines of
a parameter known as Brake Specific Fuel Consumption are expressed as function of torque
and engine RPM.

BSF C =

ṁf
1
=
Pb
LHV · ηb

(2.1.1)

When considering a turbocharged downsized engine, those lines will be slightly different.
However what will not change is the trend by which at higher loads it will be experienced a
reduction in fuel consumption. The operating points for the new engine configuration will
now shift in this higher efficiency area and therefore improvements in terms of efficiency
will be reached. [1] [2].
Even if it is true that the goal of this approach is to achieve a reduced fuel consumption,
at the same time it is also necessary to achieve at least the same performances of the original naturally aspirated engine. Turbo-charging perfectly fulfil this task when considering
maximum power output at medium/high loads in conditions close to steady state. On the
other hand the situation is different when dealing with transient conditions at low engine
speeds. Under accelerating conditions only part of the energy recovered from the exhaust
gases at the turbine is exploited to compress the incoming flow of air while the reminder is
necessary to overcome the inertia of the turbocharger and increase the speed of its rotating
components [32]. In addition to that, at low speeds the compressor performance is limited
by surge, a flow instability phenomenon that might results in damages to the turbine wheel
[26]. As a result of what has just been said, for many years the biggest limit of turbo-
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Figure 2.1: Iso-Brake Specific Fuel Consumption lines as function of torque and engine
RPM [7]

charging has been the so called turbo lag effect [2]. Different solutions have been studied
in order to address this problem and a more detailed description of these will be given in
the following sections.
Another strategy to improve engine efficiency is down-speeding. It consists in utilizing
a longer final drive ratio to operate the engine at lower speed and higher BMEP with similar
benefits as the ones already described for downsizing. However, in order to reduce the driver
perception of lag, an opposite approach may be taken. What happens in this case is that a
shorter final gear ratio is used in order to have the engine working at higher engine speed,
where the transient response is better, wasting some of the fuel consumption advantage of
the downsized engine [7].
In addition to the limitations in transient response, downsized turbocharged SI engines
are further limited by their higher propensity to knocking combustion. Knock is defined
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as the abnormal combustion during which part of the charge is consumed at very high
rates [26]. Due to the dramatic limits in terms of thermal efficiency that it may impose, it
represents one of the most important phenomena in Otto cycle engines. One of the most
accepted theory explaining the origin of knock is the end-gas theory. According to this,
when portion of the still unburned mixture ahead of the propagating flame front reaches
the autoignition temperature, some pre-flame reactions in the end-gas region start. If the
pre-flame process ends before the flame front consumes all the fresh charge in the chamber,
the portion of the end gas begins to burn releasing thermal energy at a high rate [6]. As
a consequence, all the parameters that slow down the propagation of the flame front and
that reduce the time necessary for pre-flame reactions to occur favours knock. An example
could be represented by low engine speed conditions in which in-cylinder turbulence level
is lower resulting in a slower propagating flame. Another example is given by the reduction
of the pre-flame reaction time caused by the high pressure and temperature values that
can be reached in the chamber for instance due to supercharging, high pressure ratios, or
simply high load operation [26]. As a consequence, when considering knock, operation at
low speed and high load is typically a critical operation point for spark-ignition engines.
The immediate energy release rates from the end-gas results in local high pressure levels
and pressure waves that propagates across the combustion chamber. The subsequent noise
transmitted through the engine structure is the actual knock that gives the name to the
phenomenon [26]. Another effect is the strong thermal gradients that are formed across the
cylinder and that cause high rates of local heat transfer. Hot spots on the walls are then
formed due to abnormal overheating, possibly leading to other surface ignition phenomena
[6].
The higher propensity to knock faced by turbocharged engines is also the reason why
strong attention is given to the goal of reducing trapped residual gases. If not accounted
properly, the resulting raise in temperature of the in-cylinder charge would increase the
probability of knock due to consequential higher combustion temperatures. In order to
fight this higher knocking risk, a solution could be retarding the ignition timing, but this
means that higher exhaust temperature are experienced. At high engine speeds conditions
this would translate into a further increase in fuel consumption, due to the required fuel
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enrichment necessary to maintain acceptable turbine inlet temperatures. The explanation
about why fuel enrichment helps decreasing exhaust gas temperature is given in the next
section. The only way to achieve a more advanced combustion phasing would then be
through a reduction in compression ratio. However the efficiency across all operating conditions would then be degraded. [25]. This chain reaction of negative effects shows the
importance of a correct expulsion of these residual gases and a solution to achieve this
could be to exploit some of the fresh air entering the cylinder during the overlap phase
between intake and exhaust valves.

2.2

Direct injection

Due to the risk of knocking combustion, a reduction of the compression ratio in order to
maintain an acceptable combustion phasing at all load would be required. This would result
in a reduction of the indicated efficiency at part load that would lead to an increase in part
load brake specific fuel consumption. Thus, in order to obtain the best improvement in
fuel economy, the compression ratio needs to be maintained as high as possible [15]. This
requirement has lead to the widespread introduction of direct injection to turbocharged
engines. Injecting the fuel directly into the combustion chamber, as opposed to the port,
reduces the charge temperature in the cylinder thanks to the absorption of heat obtained
through the vaporization of the fuel. This has the combined effect of both increasing
the density of the charge and simultaneously moving the knock limit of the combustion
system [7]. Additional advantages that the turbocharged direct injection engines can allow
to reach come from its synergic use with variable camshaft phasing. Normally, due to the
positive pressure ratio across the engine that occurs at low speed on a turbocharged engine,
significant blow-through will occur when large amounts of valve overlap are used. On a port
fuel injected (PFI) engine this would result in an unburned air/fuel mixture in the exhaust,
causing both significant engine out hydrocarbon emissions, possible catalyst damage and
increased fuel consumption. By injecting after the exhaust valve has closed, direct injection
engines are not limited in this way and so high levels of overlap can be utilized to achieve
complete scavenging of the combustion chamber [7] [37]. As it will be later explained, this
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further improves the knock limit at low speed/high load and moves the operating point to
a more favourable position on the compressor map improving low speed torque [4].
When talking about scavenging it is important to define the parameter known as trapping ratio, that is the ratio between the mass of fresh charge in a cylinder and the total
mass of air that runs into the engine. This parameter is equal to 1 if all air that flows into
the engine remains in the combustion chamber. If the trapping ratio is dropping below 1,
the overlap has made the fresh air to short cut into the exhaust pipe. A positive side effect
of this scavenging phenomenon is that an increased mass flow through the turbine can be
achieved allowing its speed to be increased faster [19].

2.3

Variable valve train

With the remarkable technological improvements that have been achieved in the last decade,
valve train control has gained a decisive role in fulfilling the increasingly stringent requirements with regard to carbon dioxide emissions and exhaust pollutants. A well functioning
system on the one hand should be designed in such a way that the losses occurring during
the charge cycle are low, and on the other it should create the prerequisite for the best
possible preparation of the in-cylinder mixture. This would then result in a particularly
good combustion process in terms of efficiency and low emissions [11].
Two basic approaches can be followed in order to achieve a higher degree of variability:
• Variable Valve Timing VVT : variation of the valve lift curve just in terms of temporal
shifting. This is done using camshaft phasing units and the shape of the valve lift
profile is not affected.
• Variable valve Actuation VVA: variation of the valve lift curve in terms of the lift
height and the opening and closing point, and thus of the resulting opening period
The engine considered in this study uses the UniAir system, the world’s first electrohydraulic system for fully-variable control of intake valves launched in 2009 by a collaboration between Schaeffler and FIAT. This system has allowed the engine to simultaneously
reach an improvement in terms of reduced fuel consumption by up to 10% and an increase
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in power and torque levels in the lower speed range of respectively 10% and 15%. These
performance improvements have been achieved staying within the stringent limits imposed
by Euro 5 and 6 emission standards requirements. [28] [37]

Figure 2.2: Typical setup of a UniAir actuator [28]
Figure 2.2 gives an overview of how the system works. Here it is shown that, during
its movement, the camshaft acts on a finger follower which drives a pump that fills a highpressure chamber. Depending on the position of the solenoid valve, the oil pressure may
act on the engine valve via the piston or in alternative it can be reduced directing the flow
into the medium-pressure chamber and oil reservoir. It becomes then clear that with this
solution the valve opening is here decoupled from the camshaft position and therefore, acting
on the solenoid valve, various pressure levels in the high pressure chamber, thus variable
valve lift, can be achieved. The degree of freedom allowed by this system enable the cam
to be in the lift phase while the intake valve remain closed, if all the pressure is discharged
[37]. Once the pressure in the high-pressure chamber drops, the engine valve is brought
back to its closing position thanks to a valve spring. A temperature sensor is also required
in order to compensate for the hydraulic effects produced by the temperature-dependant
viscosity of the oil. All the other parameters required for controlling the system, such as
the camshaft speed, are provided by sensors that are already employed [28].
The UniAir system allow a significant degree of variability to be achieved both in terms
of valve lift and opening times. The boundaries such as maximum lift, earliest opening
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point and latest possible closing point are determined by the envelope curve of the cam
that is used to drive the system. Within these limits, all the intermediate conditions can be
achieved by simply acting on the electric current controlling the solenoid. The overall result
is that the valve opening and closing times and the valve lifts can be optimally adjusted for
all engine operating conditions.
In the following, some possible applications of this system for gasoline engine will be
presented [28] (see Figure 2.3):
• Cylinder scavenging: in turbocharged engines the removal of residual gases in the
cylinder through the use of fresh air provides significantly faster response times at low
speeds and high loads. Although it is not possible for this system to influence the
point at which the valve’s envelope curve begins, the variation of the opening, point
together with a special lift curve, can be used to activate the required valve overlap
only when it is required. Due to its shape, this special lift curve will be referred to as
boot profile in the rest of this thesis.
• De-throttling at low speed : this solution guarantees to reach some improvements in
terms of fuel consumption with respect to the standard throttle valve solution. Ideally,
the smaller valve lifts typical of this situation should be designed in such a way that
during the intake stroke it would not be generated a vacuum that could cause load
cycle losses to occur in the cylinder. In reality some pumping losses will still be
experienced, even if with this solution those are slightly reduced.
• Hybrid lift: process that combines late opening of the intake valve with early closure,
but in which the ramps are not symmetrical with one another. This solution is good
for low load conditions typical of city traffic operation.
• Multi-lift: the intake valve is opened and closed twice within the intake stroke. This
produces an optimum combustion process and low pumping losses at low speeds and
under low loading conditions. In theory it may look particularly suitable for reducing
fuel consumption in city traffic. However in practice due to the particular shape of
the lift profile it is very difficult to handle even loads that are slightly higher than 3-4
bars.
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• Miller cycle and Atkinson Cycle: they consist respectively in a premature closing of
the intake valve and in a retarded closing of the intake valve. With this technology,
a fixed high geometric compression ratio is maintained to allow high efficiency during
part load operation, but at the same it is possible to achieve a longer expansion stroke
than compression stroke. This is effective to reduce the temperature and pressure at
the end of compression stroke resulting in an improvement of knock sensitivity [4].

Figure 2.3: Lift curve for cylinder scavenging (top left), Lift curve for dethrottling (top
right), Hybrid lift curve and Multi-lift curve (bottom left) and Lift-curve for Miller cycle
(bottom right) [28]
Another feature that an UniAir system is capable of providing is the fully deactivation individual cylinders during partial load applications,with the consequent advantage of
reduced fuel and CO2 emissions. For the engine studied in this thesis this solution was
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however not possible due to the fact that, in order to implement it, also the exhaust side
should have been provided a similar control system.

2.4

Exhaust Gas Recirculation

In internal combustion engines, Exhaust Gas Recirculation is a technique realized by reaspirating a fraction of the burnt gases that are formed within the combustion chamber
and directing it to mix with the incoming charge. This is done thorough an external circuit
connecting the exhaust manifold and the intake one. Normally this flow of exhaust gases
are cooled in a heat exchanger to limit the temperature increase of the flow entering the
cylinder.[5]
This technology has been initially introduced on Diesel engines because of the significant
reduction of N Ox emissions that it allowed to achieve. In order for nitrogen compounds to
be produced, two ”ingredients” are necessary: high oxygen concentration and high temperatures. Recirculating a fraction of the exhaust gas has the positive effect of diluting the inlet
flow decreasing the quantity of oxygen and then, due to the introduction of components
with a higher thermal capacity, also the temperatures experienced in the combustion will
be lower.
Nowadays this system has found success also in Turbocharged Spark Ignition Engines,
in particular the Cooled External EGR configuration. From Figure 2.4 one can see that this
solution allows to obtain advantages such as:
• Better knocking suppression:this gives the possibility to advance ignition timing (thus
increasing torque) and increase compression ratio (thus increasing efficiency)
• Reduced need for mixture enrichment at high loads
• Reduced cooling losses
• Increase of relative specific heat
• Reduced throttling losses: to admit the same quantity of air in the engine the throttle
has to be more open. The consequent reduction in pressure drop across the throttle
also reduces the losses
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Figure 2.4: Fuel economy improvement by cooled EGR [5]

It could be argued that large amounts of recycled gases could significantly slow down
the flame development. As a result unstable combustion could occur producing large cyclic
variations,a deterioration in car drivability and an increase in pollution levels. However,
since exhaust gases reach lower temperature levels, the boost pressure could be increased,
compensating the reduction in flame development speed just described [5].
Depending on the position where the exhaust gas is extracted and than re-introduced,
the Cooled EGR systems can be classified as High-pressure loop EGR systems, Low-pressure
loop EGR systems and Mixed-pressure loop EGR systems. Those three configuration will
be now described and in order to do so Figure 2.5, Figure 2.6 and Figure 2.7 will be
used. In all of these on the left it is shown a schematic of the configuration so that a
good understanding about where the gas is extracted and where it is reintroduced can
be achieved. On the right instead it is shown contour diagram of the pressure difference
between the EGR gas extraction and supply ports.
• High-pressure loop EGR system: EGR gas is extracted upstream of the turbine
and re-introduced downstream of the compressor. The intake air pressure is higher
than the exhaust gas pressure in the stripe region in figure 2.5, so that fresh air would
flows into the exhaust pipe when the EGR valve is opened [10].
• Low-pressure loop EGR system: EGR gas is extracted downstream of the turbine
and introduced upstream of the compressor. The same enclosed region previously
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considered now shows a pressure difference in the direction required. This means that
LP-EGR system can introduce EGR gas in a larger area than the HP-EGR system,
in particular in the low-speed, high-load region [10]. Since this operating condition is
the one that will be reached in a transient condition and considering how likely is the
knock phenomenon in this region, then it can be easily understood why this solution
is preferable.
• Mixed-pressure loop EGR system: EGR gas is extracted upstream of the turbine
and introduced upstream of the compressor. This solution shows a larger pressure
difference with respect to the LP-EGR system in the same enclosed region. However
because of the fact that Mixed-EGR systems are installed upstream of the turbine,
some troubles are experienced in the transfer of exhaust gas dynamic pressure to the
turbine. This causes turbocharging efficiency to decline while no decline is experienced
by the LP-EGR system. This means that the Mixed-EGR system cannot generate
enough torque in the low speed condition even if the differential pressure is large. [10].

(a) Schematic of configuration

(b) Pressure difference between EGR gas
extraction and supply ports

Figure 2.5: High Pressure Loop configuration [10]
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(a) Schematic of configuration

(b) Pressure difference between EGR gas
extraction and supply ports

Figure 2.6: Low Pressure Loop configuration [10]

(a) Schematic of configuration

(b) Pressure difference between EGR gas
extraction and supply ports

Figure 2.7: Mixed Pressure Loop configuration [10]
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For the engine considered in this study, a Low Pressure EGR system has been chosen
because of the greatest advantage on improving fuel economy in the turbocharged region.
This is due to the fact that this EGR solution allows to recirculate gases also in the high
load/low speed region. This area is the most critical in terms of knocking combustion and
therefore it is important to exploit also here the reduction in terms of temperature that the
recirculation of exhaust gases allow. As a consequence, the spark timing can be advanced
reducing the temperature at the turbine inlet. The combined effect of reduced knock risk
and reduced temperature at the turbine inlet result in a lower enrichment required. This
explains why the LP EGR solution helps in improving the fuel efficiency.

2.5

Exhaust Cylinder Head Integrated Manifold

The exhaust manifold presents a configuration called CHIM, that stands for Cylinder Head
Integrated Manifold. What happens in this case is that the conventional exhaust manifold
is completely integrated in the cylinder head. As a consequence, only a single pipe feeds
directly into the turbocharger resulting in a much more compact solution [38].
As can be seen from Figure 2.8, a reduction of approximately 30% of the overall surface
area up to the turbo result can be achieved. During cold-start conditions this allows to
reduce the necessary time needed for the catalyst to reach its operating temperature of
350◦ . Here the effect of the reduced amount of thermal losses due to the more compact
design are stronger than the effect of the increased heat exchange that is experienced with
an higher portion of the system being in contact with the liquid coolant [38]. Due to the
fact that from Euro3 the New European Driving Cycle mandates the test to be performed
in a cold-start condition, this solution could result helpful for manufactures.
In addition to general reduction in overall dimensions, the introduction of an Exhaust
CHIM resulted also in a significant increase of the water cooled surface. Once the steadystate has been achieved, this results in exhaust temperatures significantly lower than in the
case of a regular manifold system. Thanks to this, the enrichment of the charge normally
necessary to avoid overheating and component damage is no longer required. Stoichiometric
operation becomes possible thus resulting in a significant decrease of fuel consumption [38].
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Figure 2.8: Differences between a standard exhaust system and a CHIM one [38]

2.6
2.6.1

Turbocharging
Introduction

To understand how this system helps the engine reaching higher specific outputs, recall that
the maximum power a given engine can deliver is limited by the amount of fuel that can be
burned efficiently inside the engine cylinder. This is limited by the amount of air that is
introduced into the cylinder each cycle. From equations 2.6.1,2.6.3, and 2.6.2 one can see
that , if the air is compressed to a higher density value than ambient prior to entry into the
cylinder,then the torque that an engine of fixed dimensions can deliver will be increased.
This will result in increased torque and power

Pb =
τb =
bmep =

bmep · Vdisp · RP M
2 · 60
bmep · Vdisp
2π · 2
ηb · ηv · LHV · ρinf
AF R

(2.6.1)
(2.6.2)
(2.6.3)
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There are different ways in which this increase of inlet charge density can be achieved:
• Mechanical supercharging: a compressor directly powered by the engine is exploited
to compress the intake air. With this solution the achievable power output increase
is limited by the parasitic losses experienced in driving the compressor. As a result
also the BSFC will increase. [46]
• Turbo-charging: air is compressed thorough a compressor driven by a turbine mounted
on the same shaft. This turbine component allow to exploit the total enthalpy the
high-temperature exhaust gases that would otherwise be lost to the ambient.
In this study the attention will be concentrated on turbo-charging, a schematic of which
is given in Figure 2.9 and Figure 2.10. A turbocharger consists of two major parts: a
compressor and a turbine. In the following paragraphs these and other components such
as charge air cooler and boost control system are described. In addition, some information
about compressor and turbine performance maps will be provided. It will be explained
how these tools allow to address the difficult task of turbocharger matching whose overall
objective is to fit a turbocharger with the most suitable characteristics to an engine in order
to obtain the best overall performance from it[14]. Internal combustion engines used in the
automotive field are capable of operating over wide speed ranges, but turbochargers are not
able to operate in their highest efficiency area over all this range. The performance of turbomachines is dependent on the angles at which the gas flow enters in the impeller, diffuser
and turbine rotor. In theory the blade angles should be set to match these gas angles, but in
practice a correct match can be obtained only for a specific rotor speed [43]. Away from this
design point the gas angle will not match the blade angle and an incidence loss occurs due
to separation and subsequent mixing of high and low-velocity fluid. The losses will increase
with increasing incidence angles, hence turbo-machines are not well suited for operation
over a wide flow range [27]. Due to the fact that it is possible to correctly match the
turbocharger to the engine only at a particular point in the operating range of the engine,
a compromise must be made when considering the rest of the range. This compromise will
principally be governed by the duty for which the engine is required.
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Figure 2.9: Example of a turbocharger system [43]

Figure 2.10: Schematic of a turbocharged engine[26]
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2.6.2

Compressor

Design and function
The compressor is the element that actually produces the required pressure level increase
of the ambient air that has been drawn into the system. In theory both axial and radial
types could be used, however only the latter can be found on the automotive market. One
reason for this can be found in the higher pressure ratios that can be achieved in a single
stage. This translates in reduced dimensions and weight, something that car manufacturers
are always looking for due to the very strict packaging constraints and the goal of fuel consumption reduction. In addition, this solution also provides a higher tolerance to differences
in the inlet flow conditions [43]. This makes it suitable to be matched with an internal combustion engine, whose flow in normal driving conditions is everything but constant. Radial
compressors used for automotive’s application are of the centrifugal type, in which the air
is admitted in the compressor along the axial direction and then expelled radially. The
essential components of this system are three and are the impeller, the diffuser and the
volute housing.A brief description of how these elements help generating a pressure increase
inside the compressor is now given [26].
First of all the impeller is exploited in order to accelerate the flow increasing its kinetic
energy content while at the same time some of this kinetic energy is converted into static
pressure due to the increasing of the cross-sectional flow area between the blades. Once the
flow exits the compressor wheel, no more energy will be externally provided. It is now task
of the diffuser to slow down the high velocity air in the most efficient way possible in order
to increase the static pressure. The most used type of diffuser in automotive applications is
the vaneless one. Even if with this solution some efficiency is sacrificed and a lower pressure
recovery can be achieved in ideal conditions, however the reduced manufacturing costs and
also the improved behaviour over a wide flow range has lead to a more widespread use of
this configuration. Once out of the diffuser the air-flow is then collected in a spiral shaped
volute housing whose cross sectional area is increasing in the flow-direction. This helps in
further converting kinetic energy into pressure content before air is finally expelled along
the radial direction [41] [46] .
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One of the most critical components of a compressor are the compressor wheel blades.
Their profile is curved in such a way that it is possible to change the axial direction of the
flow into radial while simultaneously accelerating the flow to high velocity. The way this
profile is shaped can largely affects performance and durability. It is in fact to remember
that due to the extremely high rotational speeds (in the order of 150000-200000 RPM)
reached by a turbocharger system, those components are subjected to significant bending
stresses and centrifugal forces. Another aspect to take into consideration are the related
manufacturing costs. Blades require extremely tight tolerances with the housing in order to
reduce as much as possible the amount of back-flow. A solution that is sometimes applied
is to coat the stationary housing with an abradable material softer than the one used for
the blades. Then the unnecessary additional coating will be removed keeping the clearances
with the blade to a minimum [40].
Compressor map
The compressor map defines the performance of the machine and it is used when evaluating
the required turbocharger compressor for a specific engine application. It gives an immediate
overview of the compressor operating behaviour in terms of mass flow rate, pressure ratio,
shaft speed and efficiency, as can be seen from Figure 2.11. Not all the points present in
the map are usable and the in fact the area where the compressor can operate is enclosed
by the surge limit curve, the choke limit curve and the compressor maximum speed limit
curve. Those limit conditions will be now described more in detail [27] [43] [46]:
• Surge limit: establishes the lowest airflow at which the compressor can operate for
each pressure ratio. What happens at this low flow conditions is that flow can no
longer adhere to the blades and separation occurs, potentially leading to a situation
in which the pressure in the diffuser is lower than the delivery pressure. This would
reverse the flow in the compressor until resistance thorough the diffuser drops enough
for air discharge to be restarted. This process is repeated cyclically leading to potential
damages of the blades.
• Choke limit: establishes the maximum airflow at which the compressor can operate.
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In these high flow and high shaft speed conditions, a point can be reached after which
the flow cannot remain attached to the impeller blades resulting in a flow separation.
As a consequence of this separation the effective flow area is reduced increasing the
possibility for this high speed flow to reach sonic speed. When this happens no further
flow rate increase is possible [26].
• Compressor maximum speed: establishes the maximum speed that can be reached
by the compressor, usually due to material limitations [31].

Figure 2.11: Example of a compressor map with highlighted the areas on which the system
cannot operate
Since the engine is required to operate over a range of speeds and loads, then a set of
constant speed and constant load lines may be drawn on the compressor characteristic to
represent the operating range. The compressor is matched by choosing the best combination
of impeller and diffuser such that the engine operating characteristic lie in the area described
by these three lines. This should be achieved with a proper margin in order to avoid

25

2. BACKGROUND AND STATE OF THE ART

unexpected problems occurring in particular conditions like in case of pulsations in the
intake system.

2.6.3

Turbine

Design and function
In order for the compressor to perform its task, a driving element is needed. This mission is
accomplished by the turbine, a component whose purpose is to to extract part of the energy
present in the exhaust gases. Due to their high temperature, those gases are characterized
by a high enthalpy content and this can be exploited to spin the turbine through their
expansion. This solution avoids wasting this energy as instead it happens in the case of
naturally aspirated engines that expel those gases directly into the ambient. With reference
to the inlet flow direction, there are three types of turbines that could potentially be used:
mixed-flow, axial-flow and radial flow. The latter is in general the most attractive solution in
the automotive field due to some advantages in terms of manufacturing costs and simplicity,
space occupied and temperature profile in the high-stress blade root area [31]. On the
contrary with respect to the compressor case, here we are dealing with a centripetal machine
in which the exhaust flow enters the turbine from the external scroll and then is expelled
along the axis. Independently from the configuration considered, it is important to underline
that each turbine stage is composed of a stationary part and a rotating part, and that process
by which energy is recovered from the exhaust is the same. At first the flow is directed
into the stationary part in which, due to the converging cross-sectional area, it is possible
convert part of a pressure drop in an increased kinetic energy level. This turbine entry can
be of the mono-scroll or double scroll type, but this will be object of a deeper study in the
rest of the thesis. Once the flow has passed through this first element, then it reaches the
rotor, a rotating disk with blades angled in order to receive the flow from the stator with
minimum disturbance when the operating conditions are the designed ones. Here the flow
impacts against the blades resulting in a change in tangential momentum and a force to
be exerted on the blades. The energy absorbed by the blades is used to spin the turbine
output shaft that is rigidly connected to the rotor. The flow that is coming out from the
turbine wheel can have a significant amount of kinetic energy. Therefore if it is made pass
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through a diffuser an higher static pressure level can be achieved increasing the turbine
power output for a given inlet and discharge conditions [31].
Turbines operate in a hostile environment. The exhaust gases that drives them are very
corrosive and they can reach temperatures in the order of 1050◦ C. In addition to that, due
to the high speeds at which turbocharger operates, very high tensile loads are experienced
due to the centrifugal forces as well as bending and vibratory loads. Due to these extreme
conditions, nickel-based alloys are required as the construction material for turbine wheels
due to capability of this material to retain high strength values at high values of temperature
[43].
Turbine map
The turbine map defines the performance characteristic of the machine and gives an
immediate overview of the turbine operating behaviour in terms of mass flow rate, pressure
ratio, shaft speed and efficiency, as can be seen from Figure 2.12.

Figure 2.12: Example of a turbine map
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The way information are displayed here is different with respect to the compressor map.
In this case, on the x-axis one can see the pressure ratio while on the y-axis are found both
the reduced turbine mass flow at different turbine speeds and the efficiency at different
turbine speeds. The first family of curves often form a curve that is almost continuous
while for the second family often it is drawn a line passing through the peak efficiency
point. This last one is referred to as the swallowing capacity and represents the desired
operating curve of the turbine.
An important parameter for turbine performance is the A/R ratio. With reference to
figure 2.13, it is defined as the ratio of the inlet cross-sectional of the housing area divided
by the radius from the turbo centreline to the centroid of that area.

Figure 2.13: Illustration of compressor housing showing A/R characteristics [45]
This parameter can be used to match the swallowing capacity of the turbine to the flow
from the engine. In general, using a small A/R ratio an increase in the exhaust gas velocity
into the turbine will be experienced. This helps increasing turbine power at lower engine
speeds and thus results in a quicker boost rise. A drawback of this solution is that the
ultimate flow capacity of the turbine is decreased. As a consequence, exhaust back-pressure
is increased and thus the ability of the engine to breath at high RPM is reduced with a
negative effect on peak engine power. On the contrary using a larger A/R ratio will result
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in reduced exhaust gas velocity and delayed boost rise. Flow capacity is instead increased
allowing better power at higher engine speeds [45].

2.6.4

Waste-gate

The wastegate is a valve that allows a certain amount of exhaust flow to bypass the turbine
wheel. This is the simplest form of boost control, needed in order to control the amount
of pressure increase reached in the intake manifold. This kind of control may be needed
in order to match the required load or also in order not to exceed the knocking limit. In
extreme cases the amount of boost that the turbocharger system is capable of providing can
be so high that it will result in a broken engine, due to the material limitations in handling
too high pressure level, and/or a broken turbocharger, due to over-speeding. In this case
the operating principle of a waste-gate valve allow to avoid those destructive situations.
However those represent in general very extreme situations. In most of the cases the wastegate function is to control that a certain target is reached. What is actually done to perform
this control task is to regulate the amount of exhaust flow over the turbine wheel, in most
of the cases through a pneumatically controlled valve of the same type as the one shown in
Figure 2.14. Due to the high temperatures experienced on the turbine side, this actuator
is often mounted on the compressor side and connected to the valve by a rod.

Figure 2.14: Example of a pneumatically actuated wastegate valve
For the engine considered in this study, the wastegate valve actuation is performed
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electrically. This solution is getting more and more diffused with time thanks to the higher
level of flexibility in the control strategy that it allows to reach in the whole operating range.
As a proof of the control solution used, in Chapter 4 it will be shown that the model is
actually controlled in terms of required boost.

2.6.5

Charge air cooler

The density of the induced air depends on both its pressure and temperature. This means
that high boost pressures should be achieved together with minimum increase in temperature. However actual compression of air results in a significant temperature increase that
is dependant on the pressure ratio selected and on the compressor adiabatic efficiency.
"
∆T = T1
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 k−1
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1
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#
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(2.6.4)

This explains why, to decrease the inlet charge temperature level to a value similar to the
ambient one, a heat exchanger, called a charge air cooler, is placed after the compressor,
prior to entry into the cylinder. As a result, this component plays a major role in the
design of turbocharged engines featuring high power density, low fuel consumption and
low emissions. A method used to assess the effectiveness of the charge air cooling is the
after-cooler efficiency, defined as the ratio of the removed heat to the ideal one.
ηCAC =

T2 − T2 0
T2 − Tc

(2.6.5)

The use of a charge air cooler and the resulting reduction of the inlet temperature
helps in lowering the temperature levels within the whole engine cycle, with the following
advantages [26]:
• thermal loads on the engine are limited
• starting from a colder condition, gas exhaust temperatures will be lower. This helps
in reducing the thermal stress on the turbine blades
• probability of combustion knocking is reduced. Considering that is the principal
danger encountered when supercharging an engine then it can be understood how
positive is the use of this solution.
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2.6.6

Turbo Lag

While on one hand turbo-charging can mitigate the reduction in power at high engine
speeds, on the other hand some limitations of turbo-machinery performance mean that
the torque at low engine speed in transient conditions is compromised [1]. In fact, if one
compare a higher displacement engine with a downsized turbocharged engine, both with
the same rated performance, the first one will reach the stationary torque much faster than
the second one. This delay in the response to a throttle change that is perceived by the
driver with respect to a naturally aspirated engine is the well known turbo lag effect. This
problem is accentuated when the atmospheric torque, directly related to the swept volume
of the engine, is very small compared to the mass of the vehicle [2]. The delay experienced
when building the boost pressure in the intake manifold (necessary in order to reach the
targeted torque) is caused by the time required to bring the shaft speed up to the required
value. What happens during accelerations is that only a fraction of the energy recovered in
the turbine is delivered to the compressor while the remainder is necessary to accelerate the
rotating components of the turbocharger and overcome its inertia. As a result, the boost
pressure developed at any time during acceleration conditions is likely to be lower than the
one developed when operating in steady state conditions at the same instantaneous engine
speed. In addition to the mechanical inertia, there is also the fluido-dynamic inertia to be
considered and this further adds lag in the turbocharger response [26].
If a standard turbo-charging system with one turbine and one compressor is kept, then
some possible solutions that allow to reduce this turbo lag are:
• Exhaust manifold with reduced dimensions
• Inertia reduction
• Twin scroll turbines
• Variable geometry turbine
• Valve timing optimization
As an alternative to those relatively simple solutions, in Figure 2.15 are illustrated more
sophisticated and costly ones that can be used, such as [4]:
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• Serial Two-Stage turbocharger: a small high pressure turbo is used for low speed
while a large low pressure turbo is used for high speed. The two components are
connected in series. By-pass valves are required for high pressure turbo in order to
prevent over-speed as mass flow is increased
• Supercharger and turbocharger: a mechanical supercharger operates in series
with a larger turbocharger. The supercharger is used at low engine speeds and then it
is bypassed as speed increases. Bypass valve and drive system with clutch are required
for the supercharger
• Electric Supercharger and turbocharger: an electrically driven compressor is
installed upstream or downstream of a large turbocharger. The electric supercharger
is used at low engine speeds in series with the main turbocharger and then bypassed
once the main turbocharger speed has increase

Figure 2.15: Schematic of some turbocharger configurations used to reduce turbo lag, compared with a standard configuration [4]
One of the benefits of combining direct injection, variable cam timing and turbo-charging
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is that at low engine speed it is possible to reduce the turbo-lag issue exploiting the scavenging phenomenon. In this case, if the proper pressure difference is paired with the proper
valve overlap, most of the air that flows into the engine remains in the combustion chamber,
but a small fraction is made to short-circuit into the exhaust pipe. This will increase the
mass flow through the turbine resulting, as a consequence, in a faster turbo shaft speed
increase [19] [25]. There is however a limit on the minimum trapping ratio that can be
exploited. If this value is reduced above a certain point, than the mass of fresh air flowing
towards the turbine will be increase too much and the effect of reduction in temperature
may overcome the effect of increased mass flow rate. If the lag is still high, than the scavenging phenomenon can be combined with a correct post-combustion, if the system is able
to handle it. What happens in this case is that an higher quantity of fuel with respect
to the necessary one is injected and the surplus is then expelled in the exhaust manifold.
Here it may come in contact with the fresh air that short-circuited the cylinder and if the
temperature conditions are high enough than it is possible to experience some phenomenon
of auto-combustion that helps in increasing the enthalpy content of the flow entering the
turbine. This phenomenon is very difficult to handle, and it will be shown later that is also
difficult to capture from a modelling point of view.
The entire scavenging phenomenon may be negatively affected by blowdown interference
that cause the exhaust pressure during overlap for some cylinders to be above intake pressure. This situation and possible solutions to reduce this issue will be described in much
more detail in the next section.

2.6.7

Pulsating exhaust flow

The compressor of the turbocharger operates under fairly constant conditions and therefore
its behaviour is easier to manage and study. The situation for what concern the turbine is
different. The inlet of this component is coupled with a reciprocating combustion engine
and therefore it is exposed to a large variation of operating conditions. In addition, the
flow from the engine is unsteady due to the pulses associated with the exhaust from each
cylinder. Turbo-charging solutions can be classified according to how they handle this
situation: [26]:
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• Constant-pressure turbo-charging: with this solution a plenum is located between the exhaust ports of the individual cylinders and the turbine inlet. The purpose
of this configuration is to damp down the blowdown pulses occurring at outlet valves
opening. The flow entering the turbine is almost at constant pressure and temperature, that is the same to say that the turbine is fed with constant energy flow. This
configuration does not allow to recover as much energy from the exhaust gases as the
other one, but on the other hand it allows to achieving good turbine efficiencies.
• Pulse turbocharging: with this solution the engine exhaust manifolds are coupled
directly to the turbine inlet. Admission into the turbine under transient conditions
occurs at variable gas pressures and temperatures thus involving lower efficiencies.
On the other hand a better utilization of the exhaust gas enthalpy can be obtained.
This method is preferred for applications where the engine response is of primary
importance. The exhaust energy utilization is maximized and the exhaust backpressure is lower with respect to constant pressure turbocharging. [12]

Figure 2.16: Example of an exhaust manifold for pulse turbocharging [39]
Pulse-type turbocharging configuration, as the one shown in Figure 2.16, is generally the
only method applicable in the automotive field due to constraints in terms of under-hood
space and fast response requirement during transient operation. Large amounts of energy
are available at the high pressures during the pulse which would not be fully utilized if the
wheel is designed at a nominal pressure which is much lower. Due to the fact that exhaust
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energy utilization is maximized, a significant improvement in the acceleration behaviour of
the turbocharger, and consequently of the entire engine, is registered.
Despite the massive research effort undertaken over the past decades, a complete knowledge of the flow field within the turbocharger turbine stage under pulsating conditions is a
topic on which a lot of work still has to be done. One of the reason of this are the difficulties
that are faced when acquiring comprehensive and detailed experimental measurements of
the flow field under the highly unsteady conditions. Another reason are the difficulties and
the costs of computationally modelling the three-dimensional flow field within the complete
turbocharger turbine stage with a sufficient temporal and spatial accuracy.
As already discussed, the flow that the turbine receives from the engine with this pulsetype configuration is unsteady, even if only a single operating condition is considered. This
is due to the exhaust blowdown pulses, pressure pulses that appears due to the rapid opening
and closing of the reciprocating engine exhaust valves. [12]. Those pulses propagates from
each cylinder of the engine through the exhaust manifold and can affect the in-cylinder flows
of the other cylinders which have open exhaust valves at the moment in which the pulse
arrives. Depending on the firing interval between cylinders connected to the same exhaust
manifold, this blowdown interference can affect the exhaust stroke pumping work and the
exhaust pressure during overlap, which in turn affects the volumetric efficiency and the
residual fraction in those cylinders. Even if those blowdown interferences are present also
on a naturally aspirated engine, it is much more problematic with a turbocharged engine
due to [25]:
• higher BMEP levels which increase the magnitude of the blowdown pulses
• smaller volume of the exhaust manifolds which is required for fast turbocharger transient response
• restriction to the exhaust flow from the exhaust manifolds imposed by the turbines
In order to have a better understanding of what those pulses are, where they come from
and what do they cause it may be beneficial to refer to the pumping loop illustrated in
Figure 2.17. For the sake of clarity it should be pointed that pumping loops are plots in
which are illustrated the instantaneous pressures in the intake manifold, in the cylinder and
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in the exhaust manifold. On the same plot are also displayed the exhaust and the intake
valve lift profiles. In particular, the intake lift profile in the figure shows a ”boot profile”.
This name is the one usually used in the field and refers to the fact that the valve slightly
open around 250 CA and than the lift stays constant for around 100 CA. This profile is
possible only thank to the Uni-air valve actuation system and is necessary to obtain the
required valve overlap to achieve scavenging.

(a) Pumping loop of cylinder 1l

(b) Mass flow through exhaust valve

Figure 2.17: Analysis of effects of blowdown pulses
During the first part of the valve overlap in cylinder 1, the intake pressure is sufficiently
above the exhaust pressure to allow part of the intake air to directly flow in the exhaust
port scavenging the combustion chamber. Then the pressure in the exhaust port increases
above the pressure in the intake port due to the influence of the blowdown pulse from the
cylinder 3, the next one in the firing order. This results in back-flow from the exhaust port
into the cylinder, negatively impacting scavenging and increasing residual friction, which
increases the tendency to knock. [25]
The conclusion that can be reached after this discussion is that a separation of cylinder
blow-downs as complete as possible is essential to obtain enhanced rated power and lowend torque targets. A solution that goes in this direction and that allows to better exploit
the exhaust pulse energy in modern engine designs where one turbocharger is served by
4 cylinders, is represented by twin scroll turbocharging[23] [24]. This solution will be
described more in detail in the next section.
When trying to come up with a conclusion regarding real driving conditions it is very
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important to consider torque at low RPMs, as it is the situation most often experienced, for
example during traffic operation. It is common to perform this kind of analysis evaluating
the behaviour at 1500 RPM. In this case an opposite result is obtained and it is the twinscroll configuration that show better performances of about 10%. Also in this case the
conclusion is not spoiled by the uncertainty of the model since the relative error with respect
to the experimental results was −0.51% for the mono-scroll configuration and 3.03% the
twin-scroll configuration.

2.7

Mono-scroll vs Twin-scroll

Looking at Figure 2.18, from a visual point of view the main difference between the two
configurations consists in the number of inlet sections that the turbine housing presents.

Figure 2.18: Schematic of the differences between mono-scroll configuration and twin-scroll
configuration [40]
The first widely used solution for turbocharged engines were of the mono-scroll type
[42]. This solution is not able to compensate for the negative aspects caused by blowdown
pulses that were described in the previous section. Pulse from one cylinder can therefore
interfere with other cylinders inhibiting scavenging (where the high pressure pulse draws
the lower pressure gases behind it out of the combustion chamber with it) and increasing reversion (where exhaust flow is disturbed so much that its direction of travel reverses
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and pollutes the combustion chamber with hot exhaust gases). The consequent increase in
combustion temperature and exhaust temperature will result in a higher knock propensity
and, due to this, a less aggressive ignition timing and richer intake mixtures will be necessary [29]. Furthermore, transient performance at low speed will be negatively affected
due to the reduced scavenging and the consequent reduced mass flow in the turbine. It is
however important to note that the mono-scroll configuration has some good qualities that
explain why it is still considered a good option. This system is generally very compact, the
manufacturing process is much cheaper due to the very simple design and its durability is
much higher than the the other solution [30]. In addition it should be considered that this
configuration also shows lower back-pressure that will therefore allow the engine to reach a
higher peak power and a lower brake specific fuel consumption. Finally, it is important to
underline that the behaviour of a mono-scroll turbocharger using simulation tools has been
well established and therefore its modelling should present less issues in comparison with
the other solution.
Separation of cylinder blow downs is key for achieving enhanced rated power and lowend torque targets in highly boosted four cylinder engines and in order to address this
problem, double entry turbines have been introduced. Actually only a particular version
of these is used in series production and is represented by twin-scroll turbines, in which
the two inlet scrolls are divided span-wise. With reference to Figure 2.19, what happens
with this solution in the case of a 4 cylinder engine with firing order 1-3-4-2 like the one
that this study in concentrating on, is that one scroll is carrying the exhaust from cylinders
1 and 4 while the other is carrying the exhaust from cylinders 2 and 3. Separating the
two gas flows, each scroll is provided with an even firing interval of 360◦ and in theory the
exhaust pulses exiting one cylinder are prevented from forcing exhaust gases back into the
previously firing cylinder.
In the actual hardware, the construction of the twin scroll turbine allows some limited
communication between the two scrolls [25], but, even considering that, this configuration allows to maximise kinetic energy recovering and as a consequence greater part load
efficiencies can be achieved with reductions in fuel consumption [17] [14].
Due to the greatly reduced pulse interaction, another advantage is that valve overlap
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Figure 2.19: Schematic of a twin-scroll turbine [29]

can be increased with a consequent stronger scavenging effect. Apart from the reduction
of residual gas fraction and consequently knock propensity, this could also be beneficial
during transient operations at low speed because it allows a greater air mass flow through
the engine. The turbine can therefore be accelerated much faster reducing the already
discussed problem of turbo-lag and reaching the target boost faster [19].
As a result of what has been said up to now, twin-scroll turbines can properly be seen
as an alternative to complex charging systems, like double turbo-charging for example, for
achieving satisfying lag reduction combined with high specific power.
Although this solution provides optimum management of blowdown interferences, at the
same time its use also present some issues [23]:
• More complicated casting process: in particular in the region of the throat of the
twin-scroll turbine housing at the dividing wall.
• Delayed catalyst light-off due to additional surface area of the more complex manifold
• Reduced reliability due to greater issues related to thermal fatigue and pulse excitation
The decision to implement a twin scroll turbochargers is therefore not straightforward,
but it involves a complex trade-off that depends on the available package space, cost, performance, sensitivity and emissions compliance standard of the intended application.
Another big drawback concerns the modelling. Multiple studies have been performed
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thanks to the use of 3D CFD calculations and some of those have been object of the literature
review for this study:
• Copeland et al. analysed the unequal admission characteristic of double entry turbines
in order to determine the occurring flow losses [32]
• P. Newton e al. analysed the flow inside a double entry turbine under pulsed flow
conditions [14]
Although three-dimensional analysis present results that in theory should approximate
reality closer, however for the kind of work considered in this study involving not only the
turbocharger, but the whole engine system, the trend followed by automotive industries
is to use 1D simulations. The reason for that are the advantages in terms of reduced
computational time and reduced model complexity that they allow to reach.
The 1D modelling approach used for this work however presents some non-negligible
drawbacks. The real physical behaviour is in fact not fully captured and in addition to
that measurement data obtained on a hot gas test bench do not allow to fully describe the
actual physical operating behaviour of the turbine when mounted on-engine. Information
about turbine and compressors are in fact given by suppliers in form of performance maps
with the following problems occurring:
• Only steady state operating points are measured in the majority of the cases with a
consequent lack of information about unsteady operating conditions
• Only discrete points are present, often covering only a small range of operation. In
practice, considerable interpolation or extrapolation is usually necessary and this creates additional uncertainty.
• Information provided are not under adiabatic conditions due to difficulties and limitations of such testing procedure. So the efficiency given in a turbine map is not the
one defined as isentropic as it also contains the influence of heat and friction losses
[9].
Due to these limitations, for all engine speeds,the curves supplied by the manufacturer
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are un-precise (e.g. pressure ratio is normally over-estimated by a factor of around 10%
and consequently the turbine efficiency is overestimated as well [15]).
Before discussing some modelling solutions and findings from the studies of Uhlmann
et all [30] and Brinkert et all [24] the following characteristic number known as Mass Flow
Ratio will be defined. It is the ratio of the reduced mass flow rate of scroll 1 to the total
reduced mass flow rate of the turbine and later on will be used to label the different operating
conditions that a turbine experience.

MFR =

ṁred,F L1
ṁred,F L1 + ṁred,F L2

(2.7.1)

The different flow conditions occurring during turbine operation (shown in Figure 2.20
and Figure 2.21) can be classified as follows:
• Equal admission: pressure is equal in both scrolls and Mass Flow Ratio becomes
equal to 0.5 in case of ideal flow-symmetric turbine while for turbine designs with
only geometric symmetry this value slightly differ from 0.5 due to the difference of the
flow fields approaching the wheel. Usually the inner scroll close to the centre housing
features an increased flow capacity.
• Single admission: characterized by one scroll being blocked and therefore the flow is
approaching the turbine wheel solely through the second unblocked scroll. At this flow
condition the Mass Flow Ratio takes on values of MFR=1 and MFR=0 respectively
[23].
• Unequal admission: MFR takes on values between zero and one
• Cross-Flow : occurs when the scroll pressure ratio exceeds the boundaries of the single
admission at a given turbine pressure ratio(M F R < 0 or M F R > 1). In this case
interaction between the two scrolls occurs and a fraction of the mass flow going through
the scroll with higher pressure level does not immediately reach the turbine wheel,
but recirculates into the second scroll in front of the wheel. This phenomenon will be
referred to as cross-flow
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Figure 2.20: Flow conditions in a twin scroll turbine at equal and single admission [30]

Figure 2.21: Flow conditions in a twin scroll turbine at unequal admission and cross-flow
[30]

The final part of this section deals with two modelling solutions that have been found in
literature. The first one is the modelling approach recommended by Gamma Technologies
in the GT-Power user manual and it is illustrated in Figure 2.22.
To apply this, only information about the turbine behaviour at equal admission are
required. Both scrolls are treated as completely separated turbines mounted on the same
shaft and the flow capacity of the individual scrolls is then scaled by:
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Figure 2.22: Reference modeling approach for twin scroll turbines[30]

ṁred,T,SingleAdmission =

mred,T,EqualAdmission
2

(2.7.2)

The efficiency map remains unchanged and the interaction between the two scrolls is
commonly accounted for by integrating an orifice whose area is usually calibrated at each
operating point to match measured engine data. It is clear that this value cannot be imposed
randomly just to obtain a match between experimental and model results. A certain trend
with respect to the crankshaft speed and the mass flow rate is expected. This diameter
is in fact simulating the interaction between the two scrolls and the higher the speed the
higher will be the pressure difference between the scrolls and therefore the higher will be the
interaction. This simplified modelling shows some advantages. First of all the only input
required is the measured map data referring to equal admission, something provided by
every turbocharger manufacturer. In addition to that there is no need of complex and timeconsuming tuning of additional parameters as in other more complex modelling solutions.
The drawback of this approach is that quite strong assumptions are made for both the mass
flow rate and the efficiency. In fact from figure 2.23 it can be seen that strong differences
emerges when comparing conditions of equal and single admission.
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Figure 2.23:

Flow capacity (left) and turbine efficiency (right) in equal and single

admissions[30]

Plotting the mass flow characteristic versus pressure ratio it is observed that the sum
of both single scrolls exceeds the equal admission value by 20% at ΠT = 3. [23] [30]. This
results in a underestimation of the flow capacity calculated with this simplified approach
with a consequent choice of an oversized turbine within the matching process. Another
source of uncertainty in the simulation is represented by the different efficiency characteristics at equal and single admission conditions. The location of maximum efficiency is shifted
towards higher turbine pressure ratios for single admission turbines. As a result of this the
single admission operation shows an efficiency value up to 15% lower at low pressures and
up to 5% at higher pressure with respect to equal admission conditions. [30] The uncertainties resulting from modelling of the cross-flow area using a 1D orifice combined with the
differences in the mass flow and efficiency maps depending on the flow condition (MFR and
pressures) make the predictive matching of the turbine a difficult task. Another more complex method approach has been introduced by Brinkert [30] and is based on performance
maps that cover the whole operating range of the turbine relevant for engine operation. As
one can see from Figure 2.24 the model involves the use of three individual turbine objects.

44

2. BACKGROUND AND STATE OF THE ART

Two of these acts on a common shaft together with the compressor,each representing the
flow characteristic of one scroll. Multiple performance maps for different values of MFR are
stored in each of these turbine objects exploiting a feature developed for Variable Geometry
Turbines. In this case the VGT rack position is substituted by the MFR value with this
virtual rack position that is not externally controlled, but results from the states (pressures
and mass flows) in the individual scrolls during the engine cycle. The third turbine object
connects both turbine scrolls and replaces the orifice in simulating the cross-flow interaction.
In contrast with the previous approach, measured physical maps are stored as a function
of the flow condition (MFR value). In the regions where 0 < M F R < 1 both scrolls are
completely separated and there is no mass flow through the third turbine object. In case
MFR is exceeding this value range, the corresponding maps are chosen and the cross-flow
mass flow is calculated depending on the scroll pressure ratio.

Figure 2.24: Modeling approach proposed by Brinkert [30]
The main benefit of this approach is that the interaction of the scrolls, cross-flow included, can now be simulated in a much better way thanks to a wide range of experimental
data measured on a hot gas test bench. Unfortunately, turbine suppliers are not used to
provide all the data necessary for this type of simulation, but the majority of them only
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provided maps referring to full admission and single admission conditions. These measurements are much easier and cheaper to be made and in fact they can even be performed at
a hot gas test bench designed for single entry turbines, named standard test bench. Those
are therefore referred to as standard turbine measurements.
The problem is that when the turbine is connected to an engine during actual operating
conditions, the manifold configuration will usually be designed such that exhaust pulses
arrive at the rotor wheel alternatively from each entry (i.e. the pulses are arriving out-ofphase from the two inlets) [14]. Hence, the double entry turbine will spend the majority of
time with unequal flow between the two entries with mass flow through one scroll that will
be affected by the flow through the other [14]. Once this has been said, it is clear that the
data generally provided by manufacturers would be typically insufficient in order to have
a very detailed description of the physical phenomenon. In this study we will later discuss
another modelling possibility and the goal is to assess how it matches the experimental data
in comparison to the reference model previously described.
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Chapter 3
Experimental set-up and configurations
comparison

The engine used in this study is a research engine of FCA that has been tested at Centro
Ricerche Fiat (Orbassano,Torino). The main characteristic of this engine are shown in Table
3.1 and Figure 3.1
Table 3.1: Engine specifications
Engine displacement

1982 cm3

Aspiration System

Turbocharged

Number of cylinders

4

Engine Bore

84 mm

Engine Stroke

89.8 mm

Compression Ratio

9.9

This engine is the result of a downsizing approach and it will replace the V6 3 litre
naturally aspirated Pentastar. The engine used for this study presents some interesting
solutions, such as the Uniair system that allows a complete control of the intake valves
actuation profile. In addition to that, it features a direct-injection system that allows further
decrease in fuel consumption. In addition also a EGR with low pressure loop configuration
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is used. In this case the exhaust gas is extracted downstream of the turbine and it is
reintroduced upstream of the compressor.

Figure 3.1: Schematic of engine set-up
These solutions are described in more detail in the literature review chapter.

Some boundaries conditions have been applied during the test procedure in order to
control the engine. They are given in a compact format in Table 3.2
Table 3.2: Test constraints
Ambient Temperature

25 ◦ C

Ambient pressure

980 mbar

Max. Turbine Inlet Temperature

950 ◦ C

Max. Turbine Inlet Gauge pressure

3000 mbar

Max. Turbine speed

178000 rpm

Max. Boost Absolute Pressure

3000 mbar

Max. Intake Manifold Temperature

45 ◦ C

Max. Coefficient of Variance IMEP

3%
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3.1

Configuration comparison

In this section a comparison between the experimental results coming from the two configuration is performed. Due to confidentiality reasons, the numerical value on the y-axis is
hidden. The comparison will be therefore performed graphically and percentage-wise.
The two most important performance parameters that are normally used to compare
two different engines configurations are Torque and Power. They are shown in Figure 3.2.
Once the maximum torque is reached at about 2000 RPM, then it remains unchanged for
higher RPMs (up to 4000 RPM) thanks to changes to the different control variables such as
valve timing, wastegate, etc. In the range 2500 RPM-4000 RPM it can be seen that the two
configurations display the same output in terms of torque and power, but this is achieved
differently.

(a) Torque

(b) Power

Figure 3.2: Comparison of torque and power for mono-scroll and twin-scroll configuration
Figure 3.3 illustrates the back-pressure for the two configurations and it can be seen
that the twin-scroll configuration is characterized by an higher value for this variable in this
range. This would result in higher pumping losses and, in order to compensate for this,
a higher BOOST is required in this range (as shown in Figure 3.6). At higher RPM the
twin-scroll configuration reaches first the turbine inlet limit of 3000 mbar gage pressure, one
of the test constraints (shown in Table 3.2) that has been imposed during the experimental
session. As a consequence of this, the boost has to be reduced and therefore in this high
speed range are experienced worse performance of around 10.5% in terms of torque and
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power, when compared to the mono-scroll configuration.

Figure 3.3: Comparison in terms of back-pressure between mono-scroll and twin-scroll configurations
When trying to come up with a conclusion regarding real driving conditions it is very
important to consider torque at low RPMs, as it is the situation most often experienced, for
example during traffic operation. It is common to perform this kind of analysis evaluating
the behaviour at 1500 RPM. In this case an opposite result is obtained and it is the engine
with the twin-scroll turbine that show better performances of about 5.5%. What happens
here is that thanks to the pulses separation that this configuration allow to obtain, less
exhaust gas residuals are present in the chamber. This allow to reduce knock risk and also
to use an higher fraction of EGR before the COV IMEP limit is exceeded. This further
reduce knock risk and, as result of this higher margin, boost can be increases allowing to
reach higher torque and power.
From literature the twin-scroll configuration is expected to perform better in transient
conditions [12], [13], [23], [30]. This expected better transient behaviour is confirmed by the
experimental session that has been performed in the preliminary phase by FCA. One of the
obtained results was that when the engine was equipped with the twin-scroll configuration
turbine it was able to reach its targeted torque 40% sooner than when the engine was
equipped with the mono-scroll turbine. Unfortunately, with the material that was provided
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it was impossible to perform this kind of analysis from a modelling point of view. A
recommendation to for future works is to perform a study also on the transient behaviour,
in order to have a complete picture.
The last performance parameter that is evaluated when comparing these two configurations is the Brake Specific Fuel Consumption. All the discussion that will follow will refer
to Figures 3.3, Figure 3.5 and Figure 3.6.

Figure 3.4: Comparison in terms of Brake Specific Fuel Consumption between mono-scroll
and twin-scroll configuration
In the range 1000-1750 it can be seen that the mono-scroll configuration shows higher
values of BSFC. The reason behind this is that at low RPM this configuration experience
higher issues in reaching the target torque, due to the negative interaction between exhaust
blowdown pulses. Therefore it is necessary to exploit a phenomenon called post-combustion.
This consist in using richer mixtures with highly retarded spark so that some unburned fuel
reaches the exhaust. With the proper conditions, this unburned fuel reacts in the manifold
with some air coming from the scavenging phase of the previous cylinder in the firing order
and this auto-combustion phenomenon helps increasing the enthalpy content of the mass
flow that reaches the turbine. Since the mixture has to be run richer, higher BSFC are
experienced. Shifting the attention the range 2500-4500 RPM, the twin-scroll configuration
shows higher BSFC and the main reason for this behaviour is due to higher back-pressure.
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Because of this, a higher quantity of residuals gases will be present in the cylinder for the
engine configuration with the twin-scroll turbine. This higher quantity of residuals results
in a greater knock risk and therefore spark has to be retarded, with two negative effects:
• Higher value for MBF 50, that is the angle at which 50% of mass fuel is burned. Just as
a general guideline, a value close to 20 CA after TDC is normally a good reference. If
higher value are obtained, like in the case for the twin-scroll configuration, this result
in a lowered thermal efficiency. This translates into increased values of BSFC, due to
the inverse proportionality between the two quantities shown in equation 4.2.11.
• Higher temperature of exhaust gases. In order to avoid damages to the highly thermal
stressed blades temperature has to be kept within a certain value of around 1000◦ C
and therefore the Air Fuel Ratio has to be increased. In fact,as it has been mentioned
in Chapter 2, increasing the quantity of fuel into the chamber helps in reducing the
temperature thanks to the removal of heat that occurs during the evaporation of the
fuel. The required higher AFR also translates in a higher BSFC for the twin-scroll
configuration.
Considering the mono-scroll configuration, lower residuals are present due to the lower
back-pressure. This provides two advantages:
• Due to the lower knock risk, spark can be advanced and the risk of reaching too high
turbine inlet temperature is reduced.
• An higher fraction of EGR can be used before reaching the limit in terms of COV
IMEP. This further reduced knock risk.
With both the knock risk and exhaust gas temperature reduced, it clearly appears why
there is no need of increasing AFR as much as for the twin-scroll configuration. This
translates in a reduced BSFC for the engine equipped with the mono-scroll turbine.
For RPMs higher than 4500, it has already been pointed in Chapter 1 when discussing
test constraints that the value of the turbine inlet pressure is limited to 3000 mbar (gage).
This limitation affects more the twin-scroll configuration and therefore reduced values of
the BOOST are allowed. The mono-scroll configuration experiences less issue in terms of
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(a) Spark advance

(b) MBF50

,
(c) EGR fraction

(d) Air fuel ratio

Figure 3.5: Comparison in terms of some control quantities between mono-scroll configuration and twin-scroll configuration

this test constraint and therefore higher boost is available. This translates in a increased
possibility of exploiting LIVC strategies, with LIVC standing for Late Intake Valve Closure.
This approach is oriented towards the reduction of the effective CR through the use of an
Atkinson cycle. The values corresponding to angle at which the intake valve closes are shown
in figure 3.6. In this case what happens is that, because of the later closing of the opening
valve, part of the compression happens in conditions of opened valves. This reduces the
effective compression ratio and also reduces the volumetric efficiency, as some of the inlet
air is then sent back in the intake manifold. To compensate for this, the boost is increased
(see fig 3.6). This means that the target load is achieved with a different combination
of boost/volumetric efficiency and with a lower effective CR. The effect of higher boost
actually overcomes the one of reduced volumetric efficiency, and this is due to the reduced
effective CR that reduce knock risk and therefore allow boost to be further increased.
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(a) Intake Valve Closing angle

(b) Boost gage pressure

Figure 3.6: Comparison in terms of parameters related to LIVC strategy between monoscroll and twin-scroll strategy
Even if, as result of the previous discussion, the air mass flow for the mono-scroll configuration is higher, the slightly higher value for the air fuel ratio results in very similar
value of fuel mass flow (if not slightly lower) with respect to the twin-scroll configuration.
Considering how BSFC has been defined in equation 2.1.1, a lower value of this variable
will be obtained in this range where same fuel mass flow is experienced between the two
configurations and where mono-scroll configuration reaches higher power due to the higher
possible boost.
The summary of the comparison between the two configurations is given in Table 3.3.
For the sake of clarity, the + sign refers to conditions in which the mono-scroll performs
better while the - sign refers to conditions in which the twin-scroll per form better.
Table 3.3: Comparison between Mono-scroll and Twin-scroll configuration
Mono-scroll vs Twin-scroll
Torque @5200 RPM [Nm]

+10.4%

Peak Power [kW]

+10.4%

Torque @1500 RPM [Nm]

−5.52%

Time to Boost [s]

−40%

BSFC @ 2000 RPM [g/kWh]

+3.34%

BSFC @ 5200 RPM [g/kWh]

+8.72%
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Chapter 4
Simulation tool and modelling
description

Engine Modelling is the procedure of simulating engine performances through the use of
both physical and experimental models. Experimental data are necessary in order to correlate the model or to build the look-up tables that will then used within the model itself.
The trend that has been experienced in the last decade towards a larger use of these simulation results has already allowed to greatly reduce the number of prototypes and laboratory
tests required during the development phase, thus limiting the reliance on dynamo-meter
testing. This has enabled remarkable results in terms of costs and time savings. Considering how competitive the automotive field is, the large amount of investments required, and
the always reduced time that a company has to launch a product in the market, then it is
easy to understand why engine modelling has become the way of first concept evaluation,
dimensioning and optimization [3].
Depending on the intended application of the model and the consequent accuracy target, different approaches can be followed. When selecting the necessary approach also the
required computational time should be taken into consideration. The procedure followed
in this study is the same followed by the main manufacturers in the industry and exploits
one-dimensional equations to describe the flow in the pipes while 0D models are used to
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describe more complex phenomenon such as combustion and turbocharger operation. The
software used is GT-Power and a brief description of its main characteristics will be given
in the first part of this chapter. In the second part the attention will shift to the description
of the main features of the base model provided by FCA.

4.1

GT-Power description

The tool through which the analysis has been performed is GT-Power,a licensed product part of GT-Suite from Gamma Technologies, an integrated platform for engine-vehicle
simulation. It is considered as the leading engine simulation tool when dealing with ICE
performance simulation during both design and development phases and is used for this kind
of analysis by the majority of car manufacturers, including FCA. The software is specialized
in one-dimensional fluid dynamics and in particular in the resolution of 1D Navier-Stokes
equations. This approach in general enable the users to experience the best compromise
between model accuracy and necessary computational time to perform the simulation, as
can be seen from Figure 4.1.

Figure 4.1: Computational time expressed as function of model detail for different modelling
approaches [34]
However some of the phenomena occurring in an engine such as valve flow, in-cylinder
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processes and turbocharger operation are fully three dimensional problems. For those, the
assumption behind the use of one dimensional equations would be too strong and this
explains why a different approach is followed in order to handle those.
The strongest assumption made with a 1D approach is that the condition over the cross
section is assumed to be constant. This can be done considering the much greater importance of the fluid flow along the longitudinal dimension with respect to the two transversal
ones. The compressibility of the fluid is also taken into account so that it is possible to simulate the pressure wave phenomena that are extremely important for the correct functioning
of an engine.
Before describing how the software works in terms of equation resolutions, it may be
helpful to spend few words describing the graphical user interface, common to all applications in the GT-ISE (Integrated Simulation Environment). An object-based code design is
used and this allows to greatly reduce the user effort. Models are in fact built by this pointand-click Graphical User Interface from a library of GTI-supplied templates or user-defined
reusable compound objects.
The GT-Suite Architecture is structured in the following way [34]:
• Templates: prototype structures used to define a variety of objects. Each template
contains a group of unfilled entries,which will be referred to as attributes. Once the
attributes are defined and named, an object is obtained.
• Objects: basic building blocks of the model that are created by assigning values to
a template. The same template can be used repeatedly to create more objects with
different values.
• Parts: copies of an object installed onto the model map to represent a specific piece of
hardware or a connection. Multiple parts can be created from a single object. Parts
inherit all of the attributes of the objects from which they were derived and if a change
is made to an object,all parts created from that object will receive that change.
Templates, Objects and parts can be further classified as [34]:
• Components: represent physical, tangible entities that generally contain volume or
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mass. Example of components are shafts, pipes (that can be fully classified as 1D
elements) and flow-splits (volume elements helpful to model junctions)
• Connections: used to connect two component objects. They can take on several forms.
For example, a connection could be a plane between two flow components containing
properties such as discharge coefficients or flow area (e.g orifices and valves).
• References: collections of data that are referred to by other objects, but can not be
placed in the project map. References are often used to store information that will
likely be used in several different places so that the data must only be entered once.
For example, initial conditions are specified in a reference so that many objects with
the same initial conditions can easily refer to a single reference. Other references are
for example air composition or combustion or heat transfer models.
To solve the previously mentioned Navier-Stokes equations, a discretization in terms of
both space and time is required. For what concerns space, the whole system is discretized
into many volumes, where each flow-split is represented by a single volume and every pipe
is divided into one or more volumes [33]. These volumes are connected by boundaries. The
scalar variables (pressure, temperature, density, internal energy, enthalpy, species concentration etc.) are assumed to be uniform over each sub-volume. The vector variables (mass
flux, velocity mass fraction fluxes etc.) are calculated for each boundary. This type of
discretization (shown in Figure 4.2) is referred to as a staggered grid [33].

Figure 4.2: Schematic of a staggered grid approach [33]
For what concerns time, normally every engine cycle is divided in time steps, generally
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smaller than the time that the crankshaft spend in turning one degree.

The relation between the time step and the discretization length is determined by the
Courant number defined as
CourantN umber =

∆t
(|u| + cs )
∆x

(4.1.1)

The solver remains stable by choosing its time-steps such that the Courant Condition
4.1.2 is satisfied
∆t
(|u| + cs ) < 0.8
∆x

(4.1.2)

The meaning of the equation (4.1.2) is that the time discretization element ∆t should
be lower than the time necessary to a pressure perturbation to propagate in space to a
distance equal to the space discretization element ∆x. From what just said, theoretically
the Courant number should be 1 or less, but due to addition of physical considerations that
were not took into account in Courant’s original analysis, a value of 0.8 is used to ensure
stable solutions for a wide majority of models [33]. Due to the presence of this constraint,
the software will compute for each ∆x the corresponding ∆t and than the smaller is applied
to all the model. As a consequence, it becomes fundamental to avoid having one or two pipes
that are significantly shorter than the recommended discretization length. The resulting
bottleneck would cause very long simulation times due to those small time-steps. [34]
The choice of the right degree of discretization is thus not straightforward at all. In case
a coarse space discretization is chosen, then the consequent reduced time steps number will
result in a faster simulation time, but with the drawback of a reduced model accuracy. On
the contrary a finer space discretization will result in a greater model accuracy, that in this
case is however counterbalanced by the much longer computational time.
The ideal solution is therefore to find that particular limit situation for which a very
good accuracy is obtained with a still relatively low computational time. Once a certain
point is reached, to further reduce the discretization elements’ dimension does not bring
any advantage at all from the accuracy point of view. The only result will be that a very
small ∆t would be imposed to all the model without improving precision and resolution.
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In order to avoid this, in the user manual provided by Gamma Technologies suggests
a value 0.4 times the cylinder bore diameter as a starting point for the elements of the
intake manifold, while for the exhaust system a value equal to 0.55 times the cylinder bore
diameter is suggested. The reason behind this difference in recommendations for intake and
exhaust discretization comes form the differences in speed of sound that can be found in
the two systems due to the different gas temperatures [33].
The software presents two possible solution methods, an explicit one and an implicit
one. The first one is the one recommended for the majority of GT-Power simulations and
is therefore the one that will be exploited in this study. In this case, the right hand side
of the equations that will be later described is computed using values from the previous
time step. The derivative of the primary variables is thus obtained allowing the value at
the new time to be calculated by integration of that derivative over time step. To perform
this computation,the explicit solver uses only the values of the sub-volume in question and
its neighbouring sub-volume. A drawback of this method is experienced when dealing with
simulations that are relatively long (on the order of minutes in real time). In this case the
small time steps necessary in order to satisfy the Courant condition 4.1.2 make this solution
undesirable. On the contrary, it is possible to obtain a more accurate prediction of the
pressure pulsations that occur in engine air flows and fuel injection systems. This method
is therefore required when it is important to achieve a good prediction of the pressure wave
dynamics like in the case of this study.
There are two different ways in which the performance of an engine can be determined
by the solver:
• Speed Mode: the crankshaft rotational speed is imposed by the user as either constant
or by a dependency reference object. With this approach, steady state results can
typically be achieved very rapidly because, imposing the engine speed for the duration
of the simulation, it is eliminated the relatively long period of time necessary for the
crankshaft speed to reach steady-state in a loaded engine. It is however also used for
transient simulations as in the case of turbo-lag studies.
• Load mode: allow the user to couple a vehicle model to the engine or to simply impose
a load on the engine. The speed is calculated by taking into account the predicted
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brake torque of the engine, the load torque applied to the engine and the engine
inertia.
In this study it has been chosen to use the speed mode, as it is common to do for steady
state cases.
Different possibilities can be exploited in order to reduce the total number of cycles
needed to converge [34]:
• Good initial conditions: in order for the solver algorithm to perform its task initial
conditions have to be imposed. Setting those closer to the final values will reduce
then the number of cycles necessary to reach steady-state results.
• Order of cases in case set-up: ordering the simulations in the Case Set-up in such a
way to have the fastest cases to run first together with setting the Initialization state
to ”previous case” in the Run Setup can help in reducing the computation time in
steady state simulations. Gamma Technologies suggests in general to assign to Case
1 the highest engine speed and to the last case lowest engine speed.
• Proper controllers: well calibrated controllers will converge to their target and stop
oscillating much quickly than poorly calibrated controllers. When multiple controllers
are present at the same time it is likely that an interference between those will be
experienced. In this case Gamma Technologies recommend to determine the order in
which each controller has influence on the convergence of the model and make the most
influential controllers most aggressive while at the same time reducing aggressiveness
of the controller proportionally to their lower influence

4.2

Model description

The process of modelling an internal combustion engine from scratch is very time consuming due to the extremely large number of information required about ambient conditions,
engine characteristics, cylinder geometry, intake and exhaust systems, valves, fuel injectors,
turbocharger and modelling information concerning phenomena such as combustion, heat
transfer and organic losses. This explain why, in order to perform the required task in this
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project, FCA has provided an initial model resulting from previous analysis and studies
performed by the company with both the Italian and American sides involved.
This model provides the description of the whole engine apart from the exhaust port and
manifold and the turbine and is shown in Figure 4.3. As it will be described in the next
section, some modification were necessary in order to adapt the model to the current case.

Figure 4.3: Base model of the whole engine configuration that has been provide by FCA

4.2.1

Pipe flow

Fluid behaviour in both the intake end exhaust system pipes is simulated through the
resolution of the following Navier-Stokes equations, expressed in one dimensional form:
• Conservation of mass
dm
=
dt

X

ṁ

(4.2.1)

boundaries
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• Conservation of momentum
dpA +
dm
=
dt

P

boundaries (ṁu)

dxA
− 4Cf ρu|u|
2
D − Cp
dx

1
2 ρu|u|



A

(4.2.2)

• Conservation of energy
dV
d(me)
= −p
+
dt
dt

X

(ṁH) − hAs (Tf luid − Twall )

(4.2.3)

boundaries

The equations relative to mass and energy are solved in the centroid of each sub-volume
to determine the thermodynamic state while the equation relative to momentum is solved
at the boundaries to determine velocities and mass flows. From those quantities all the
other gas properties such as density, temperature and pressure are then computed through
some specific iterative algorithms that are well explained in the GT-Power manual [33].
The pressure loss in the pipes is divided in friction losses and shape losses (due to
taper, bends and irregular cross-sections). The first one is modelled through a parameter
called Fanning friction factor Cf that is a function of the Reynolds number and of the wall
surface roughness. The second one is a function of the bend angle, the curvature ratio, the
roughness, the Reynolds number and the pipe length. Once computed, those parameters
are used in the conservation of momentum equation previously described.
The heat transfer from the fluids to the walls is also modelled as can be seen from the
equation of conservation of energy. The heat transfer coefficient h is calculated at every
time-step using a Colburn Analogy that link this property to the fluid velocity, the thermophysical properties and the surface roughness. This last one has a strongest influence on the
amount of heat transfer experienced, especially for very rough surfaces such as cast iron or
cast aluminium. The wall temperature Tw can be imposed by the user (as it happens in the
air intake side prior to the compressor where a good guess can be made) or in alternative it
can be computed by the model through a solver algorithm that takes into account internal
heat transfer, external heat transfer, thermal capacitance of the walls and also initial wall
temperatures (this is the procedure performed from the compressor up to exhaust release
ambient. In those elements there are too many variables involved and a realistic guess of
the wall temperature value would be impossible).
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Both the heat transfer and pressure loss quantities are calculated with different equations
according to the flow condition (turbolent, laminar, transitional). In addition to that, both
can be adjusted using multipliers if necessary.

4.2.2

Intake and exhaust valve flow

Both intake and exhaust valves are simulated through the template ”ValveCamConn” in
which the valve-lift profile versus cam angle is prescribed by the user and corresponding
flow characteristics are defined. This engine is characterized by the presence of Uniair
system, that has been already described in Chapter 2. This system allows a flexible control
of the intake profile with the result that different shapes will be used for each operating
condition. The electric angles (the ones at which the command is given to the solenoid
valve) corresponding to the opening and closing of the valves have been measured in the
preliminary phase of the project and were later made available to the author. From those,
the actual mechanical angles (result of the electrical angle plus a series of delays related
to electrical phenomena, hydraulic phenomena and engine speed) were computed and then
they were used to select, for each operating speed, the correct lift profile from a Excel
database provided by FCA that contained many possible combinations of those quantities.
The results are shown in Figure 4.4 and Figure 4.5. It can be seen that for low RPM, in
general, the valve lift profile presents what is commonly referred to as ”boot shape”. This
particular profile allows to exploit the ”scavenging phenomenon”. What happens here is
that, thanks to the beneficial pressure difference experienced between intake and exhaust
manifolds, some of the air entering the cylinder is short-circuited directly to the exhaust.
The direct consequence of this is that an higher removal of residual gases is possible, thus
reducing the propensity to knock of the engine. A beneficial side effect is that this additional
flow of air can help spinning the turbine during the problematic transient conditions already
discussed in the literature review. This explain why this profile is used only for low engine
speeds. An exception to what has been said is represented by the 1000 RPM case in which
the pressure reached in the intake manifold is slightly higher with respect to the atmospheric
one. In this conditions the engine can be considered to operate as a naturally aspirated one
and here a boot-like shape is not needed since the engine is already capable of reaching the
target.
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Figure 4.4: Intake valve lift profiles for the mono-scroll configuration

Figure 4.5: Intake valve lift profiles for the twin-scroll configuration
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The exhaust does not have an equivalent system and therefore in this case the valve lift
profile is fixed.
In addition to the valve lift profile, in the template used to simulate the valves also
the discharge flow coefficients have to be introduced. Those discharge flow coefficients are
defined as the ratio of the effective flow area to the reference flow area and are important
to compute the mass flow through the valves
ṁ = CD · AR · ρis · Uis

(4.2.4)

Typically, these flow coefficients of cylinder valves are calculated from measurements of
mass flow rate for a given pressure difference, measurements that are made with the specific
head in which the valves will be installed on the engine. Due to the fact that pressure
losses caused by the shape of the ports (changes in diameter and bends), surface roughness
and the valve steam cannot be separated easily, then the flow coefficients imposed in the
valve template also include the flow losses caused by the port. This means that, in order
to prevent the losses in the port from being included in the simulation twice ”No friction
pressure losses” should be selected in the friction options and ”Zero pressure losses from
bends and tapers” in the pressure loss coefficient options of the pipe part representing the
ports. Furthermore the diameter of the ports at the inlet and outlet should be the same.
This diameter should be equal to the diameter at the opening of the head on the intake
or exhaust manifold side. This choice would allow a correct modelling of any loss due to
contraction or expansion [34].

4.2.3

In-cylinder process

The proper modelling of the combustion process that occurs in the cylinder is critical in
order to obtain a good correlation between models results and experimental measurements.
The modelling approach used to analyse the flow in the pipes cannot be exploited here.
In this case the assumption of one dimension being much more relevant than the other
two cannot be considered reliable. The combustion is in fact a quite complex fully three
dimensional phenomenon and therefore GT-Power will handle it in a different way [34].
In this study the two zone combustion methodology has been exploited. In this case the
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cylinder is split in two regions, one corresponding to burned gases and the other corresponding to unburned gases. Those are normally modelled with a separate temperature for each
zone, but optionally it can also be specified to have the same temperature. At the start of
combustion all the contents of the cylinder is in the unburned zone, including residual gases
from the previous cycle and the recirculated exhaust gas. At each time step a mixture of
fuel and air is transferred from the unburned zone to the burned one, with this transferred
amount that is defined by the burn rate. Different possibilities exists to define/compute
this burn rate and the one used in this study will be later explained. Once the unburned
fuel and associated air has been transferred from the unburned zone to the burned zone in
a given time step, a chemical equilibrium calculation is carried out for the entire ”lumped”
burned zone. This calculation takes into account all of the atoms of each species (C, H, O,
N) present in the burned zone at that time, and obtains for these an equilibrium concentration of the 11 products of combustion species (N2 , O2 , H2 0, CO, H2 , N , OH, N O, OH).
The equilibrium concentrations of the species strongly depends on the current burned zone
temperature and, to a lesser degree, the pressure. Then, once the new composition of the
burned zone has been obtained, the internal energy of each specie is calculated and adding
all those together the energy of the whole burned zone is obtained. Applying the principle
that energy is conserved, the new unburned and burned zone temperatures and cylinder
pressure are obtained. During the process just described two energy equations are solved
separately in each zone and for each time step:
• Unburned zone
d(mu eu )
dVu
= −p
− Qu +
dt
dt



dmf
dma
hf +
ha
dt
dt


+

dmf,i
hf,i
dt

(4.2.5)

The four terms on the right hand side handle respectively pressure work, heat transfer,
combustion and addition of enthalpy from injected fuel
• Burned zone
dVb
d(mb eb )
= −p
− Qb +
dt
dt



dmf
dma
hf +
ha
dt
dt


(4.2.6)

Up to now it has been left unexplained how the burn rate has been computed. Different
alternatives to address this task are present in the software and the choice on which to
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use will depend on the degree of accuracy that needs to be achieved. In this study we
are concentrating mostly on turbine performance, thus a very detailed investigation of
the in-cylinder process is considered unnecessary. This explains why the final choice was
represented by a ”EngCylCombSIWiebe” combustion object, a non-predictive combustion
model for which the burn rate is computed through an algorithm that will be now described
in more detail. The burn rate computed this way is then simply imposed as a function of
crank angle and it will be followed regardless of the conditions in the cylinder, as long as
there is sufficient fuel available. As a consequence the burn rate will not be affected by
factors such as residual fraction or injection timing.
The burn rate is then computed through the following equation:
h
i
(E+1)
Combustion(θ) = (CE) 1 − e−(W C)(θ−SOC)

(4.2.7)

The Wiebe constant WB and the Start of Combustion (SOC) are computed using the
experimental values of the anchor angle MBF50 and the duration MBF10-90 that have been
provided by FCA.
• Wiebe Constant
"
WC =

#−(E+1)

M BF 1090
1

(4.2.8)

1

BEC E+1 − BSC E+1
• Start of combustion
1

SOC = M BF 50 −

M BF 1090 · BM C E+1
1

1

(4.2.9)

BEC E+1 − BSC E+1
The constants used in the previous equations are computed as function of the burned
fuel percentage at anchor angle (50%) BM, the burned fuel percentage at duration start
(10%) BS and burned fuel percentage at duration end (90%) BE.
• Burned Midpoint Constant
BM C = −ln(1 − BM )

(4.2.10)

BSC = −ln(1 − BS)

(4.2.11)

• Burned Start Constant
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• Burned End constant
BEC = −ln(1 − BE)

(4.2.12)

Once the burn rate has been evaluated, the software will then apply a ”Forward Run
Combustion calculation” procedure and the cylinder pressure will be derived as a result of
the energy release from combustion. An example of the pressure profile obtained is given
by Figure 4.6

Figure 4.6: Example of a pressure profile computed through a Weibe function
The in-cylinder heat transfer rate is computed through the Classic Woschni correlation
that relates the heat transfer coefficient to the pressure, the temperature, the bore dimension
and the in cylinder gas velocity. In this case the swirl has not been considered. In this submodel it is present a convection multiplier that is possible to tune with experimental data.
In this study a map that relates this multiplier to the engine load has been provided by
FCA.

4.3

Turbocharging

As already anticipated, this thesis work will concentrate on a turbocharged SI engine.
Even if models of this type of engine are for some aspects similar to those of naturally

69

4. SIMULATION TOOL AND MODELLING DESCRIPTION

aspirated engines, however there are some special characteristics ( e.g. the interconnected
gas flows, the inter-cooler, the difference in relative sizes between the gas volumes compared
to naturally aspirated engines, the wastegate etc.) that greatly increase the modelling
complexity. Modelling of turbochargers remains therefore a major problem, in particular
the ability to deal with the pulsating flow that a turbine experiences when mounted on
an engine. [13]. Due to the complexity of the phenomena involved, also in this case it
is not possible to use one dimensional CFD equations. Therefore, in order to model the
flow behaviour in the compressor and in the turbine, a complex algorithm is exploited.
This modelling procedure is based on steady state flow-bench measurements from which
manufacturers obtain the so called performance maps. Those contain only a set of discrete
data points, each of which describe an operating condition in terms of speed,pressure ratio,
mass flow rate and thermodynamic efficiency. In order to obtain a continuous distribution
of the map data it is therefore necessary to interpolate the given data. In addition to that,
it is not uncommon that the original map does not cover the whole operating range to
which the turbocharger is exposed. In order to solve this problem, also an extrapolation
algorithm is needed. A detailed explanation of all those complex algorithm used by GTPower is available in the user manuals [33] Figure 4.7 and 4.8 are examples of both the
input and the output of this interpolation/extrapolation process for both compressors and
turbines.
Compressor maps are typically expressed in the so-called corrected form. This means
that the inlet temperature and the inlet total pressure for each data point will be corrected
to a chosen reference temperature and pressure.
RP Mactual
RP Mcorrected = q

Tinlet−total
Tref erence

q
ṁcorrected = ṁactual ·

Tinlet−total
Tref erence

Pinlet−total
Pref erence

(4.3.1)

(4.3.2)

Turbine maps are normally given in reduced form. In this case the effects of the inlet
temperature and inlet pressure on the performance of the turbine are removed. This gives
the possibility to compare any two turbine maps without regard to reference conditions,
that in a turbine can vary quite a lot.
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Figure 4.7: Measurement data points and performance map processed for a compressor

Figure 4.8: Measurement data points and performance map processed for a turbine
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GT-Power predicts at each time-step the turbocharger speed and the pressure ratio
and then it uses those quantities to look-up the mass flow rate and the efficiency from the
performance map. The mass flow rate found with this procedure is then imposed as a flow
boundary on the volumes adjacent to the turbine/compressor. The outlet temperature is
computed considering the isentropic enthalpy change across the turbine/compressor and
the previously found efficiency.
• Turbine

Ttotal,in = Tin +

u2in
2cp

(4.3.3)


1−γ 
∆hs = cp Ttotal,in 1 − P R γ

(4.3.4)

hout = hin − ∆hs ηs

(4.3.5)

u2in
2cp

(4.3.6)

• Compressor

Ttotal,in = Tin +



γ−1
∆hs = cp Ttotal,in P R γ − 1

hout = hin + ∆hs

1
ηs

(4.3.7)

(4.3.8)

Once the output enthalpy is computed, then it directly follows how to compute the
involved power transfer:
• Power produced by the turbine
P = ṁ(hin − hout )

(4.3.9)
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• Power consumed by the compressor
P = ṁ(hin − hout )

(4.3.10)

The torques associated with the computed compressor and turbine powers are used to
calculate the speed of the turbocharger.

∆ω =

∆t(τturbine − τcompressor − τf riction )
I

(4.3.11)

In formula 4.3.11 it is shown also a parameter that takes into account the friction torque
due to bearings. Typically the bearing friction is modelled implicitly in the turbine efficiency
maps. This happens because many turbocharger gas stand procedures state that the turbine
efficiency is calculated by dividing the actual total enthalpy rise of the compressor stage by
the isentropic enthalpy drop across the turbine stage. When doing this the bearing friction
is combined into the efficiency because the actual total enthalpy rise across the compressor
is the actual enthalpy drop across the turbine minus the bearing friction [33].
When a turbocharger is introduced in the model the number of simulation cycles required
to reach steady state can substantially increase due to both the presence of the waste-gate
controller and also due to the slow rate of change in the turbocharger speed. What causes the
turbocharger response to be quite slow relative to the response of the rest of the engine is the
inertia of the turbo shaft . The turbocharger inertia, representing the total rotational inertia
of the turbine wheel, compressor wheel and shaft, must be specified in the ”Shaftturbo”
component connecting turbine and compressor. When transient engine performance is the
object of the study, it is very important that the actual value is specified. On the contrary,
in case of steady state simulations, acting on the turbocharger inertia during the simulation
has shown good results. It is often beneficial to make the turbo inertia quite high for the
first three or four cycles in order to avoid the shaft speed to drop while the velocity in the
manifold is still building. After this, the inertia can be reduced to a very low value, typically
about 100 times lower than the actual one. This allows a faster convergence towards steady
state. Just as a reference, the inertia should be kept very low for around 10-14 cycles. In
cases like the one of the study in which a controller is used on the waste-gate, this inertia
multiplier should not be reduced because the consequent the sudden changes in system
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behaviour can make the controller run unstable. It is not desirable for the simulation to
be shut off when the shaft inertia is still set to a value lower then the actual one. Thus
the actual inertia should be re-assigned before the end of the simulation and to prevent a
premature shut off the attribute ”Minimum Duration” in the time control tab of run set-up
should be set to at least one more cycle than the one at which the inertia multiplier is
restored to 1.
In every turbocharged engine a Charge air cooler is necessary in order to increase the
density of the air entering the cylinder.
There are different ways to model coolers in GT-Power:
• Non-predictive
• Semi-predictive
• Predictive
To keep the simulation complexity at an acceptable level, in this model the non-predictive
method is used. In this case the outlet temperature of the charge air cooler may be imposed
by increasing the heat transfer rate of the pipe objects and imposing the wall temperature
as equal to the desired outlet temperature, that is the one experimentally measured in the
intake manifold. The heat transfer rate is increased by modelling a bundle of many pipes
in parallel by using the the ”Number of identical pipes” option in the ”Pipe” template and
by making the ”Heat transfer multiplier” very high. Thus the flow exiting those elements
will have the prescribed temperature measured from experiments
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Chapter 5
Methodology

As already mentioned in the previous chapter, a base model describing all the engine components with the exception of the exhaust manifold and the turbine has been provided by
FCA, as well as a 1D discretized version of the exhaust manifold of the twin-scroll configuration and the CAD version of the exhaust manifold of the mono-scroll configuration.
In addition to that, the author was also provided with all the averaged results for a large
number of performance parameters from the experimental session that has been performed
in the preliminary phase of the project, including some crank-angle resolved measurements
concerning pressures in the intake ducts, cylinders and exhaust ducts, a database of many
possible intake valve lift Uniair profiles obtained through the software LMS AMESim and
the performance maps for compressor and for all the different turbines configurations that
will be used to perform this study. All that information has been used to obtain complete
models for both configurations and then to perform the correlation procedure with the measured data. As already mentioned in the introduction chapter, the work has been divided in
three phases, with the last two being the modelling and correlation of the mono-scroll configuration followed by the modelling and correlation of the twin-scroll configuration. This
chapter presents in the same order the procedure that has been used.
Before moving on to the description of the modelling procedures for the two configura-
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tions, in order to have a better understanding of the procedure it is important to describe
how the model is controlled. First of all, the engine is given the same inputs as they were
given in the experimental session. This means the same ambient pressure and temperature,
the same intake and exhaust valve profiles and the same engine speed. Due to the fact that
the combustion is simulated using a non-predictive method, then also the values for the
Anchor Angle MBF50 and the combustion duration MBF1090 are imposed by the author,
with reference to the experimental results. In addition to that, also the Air Fuel Ratio
(AFR) is imposed. From the experimental data provided by FCA, only the AFR value
measured at the exhaust was available. It has already been discussed in previous sections
that, due to the scavenging phenomenon, some air is directly short-circuited to the exhaust.
As a result of this, higher values for AFR will be experienced here than those in the cylinder.
In order to impose the correct value in the cylinder, the AFR available from measurements
is multiplied by the Trapping ratio that is computed from the following simplified formula:
T rappingRatio = 1 −

%O2
21

(5.0.1)

The AFR values that were obtained are slightly rich, as it could have been expected since
the analysis has been performed in conditions of Wide Open Throttle curve. At low RPMs,
higher load in fact means higher pressures and temperature with a consequent higher risk
in terms of knock. At higher RPM, instead, the main reason behind the fuel enrichment is
that the temperature at the turbine inlet should be kept below a certain level in order to
avoid potential damages to the blades. In both cases is utilized the fact that the considered
engine has Direct Injection and therefore some heat is removed from the cylinder thanks to
the latent heat of vaporization of the fuel. This will translate in reduced temperatures.
The engine behaviour is normally controlled by the throttle valve and by the wastegate.
In this study the first option is not considered since, as it has just been said, the measurements have been performed only for WOT conditions. As a consequence, for all the
operating points that are analysed, the throttle valve is simulated as fully open. What is
actually controlled during the simulation is the required boost pressure in the intake manifold and this is performed by changes on a dynamic diameter that is used to simulate the
wastegate valve. At each step of the simulation the dimension of this diameter is automatically calculated based on several physical quantities of the engine and of the turbocharger
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system, in order to allow the engine to reach the boost pressure imposed by the user. The
controller necessary to perform this operation is present as a built-in template in the GTSuite library. Another quantity that is controlled in a similar way is the EGR fraction. Also
in this case, it is present a built-in controller in the GT-Suite environment that acts on the
diameter of an orifice. This allows to control the EGR fraction so that the model shows
results similar to the values imposed by the user.
Twelve cases have been considered and they cover different engine speeds, ranging from
1000 RPM to 5500 RPM, all at Wide Open Throttle. Some start-up cycles are required
and then the input values are imposed and the controllers are activated. The simulation
keeps going until convergence is reached. By default, the software controls the convergence
of mass flow, pressure and temperature. In addition to those, for this particular study,
also the convergence of the controlled boost pressure and of the turbocharger shaft speed
has been checked. When steady state is reached for all those quantities, then the model is
considered converged and the simulation is automatically shut-off. In general convergence
is reached when the fractional variation with respect to the previous cycle is lower than a
certain value and when this condition is repeated for two cycles. In the case of the boost
pressure convergence is reached when an absolute difference of 0.005mbar is reached for
three consecutive cycles.
Only some of the many available experimental variables were used to perform the correlation with experimental results and those are:
• Pressures ant Temperatures at compressor and turbine boundaries (inlet and outlet):
boundaries conditions that should match experimental results. If not, correlation of
other performance parameters such as BMEP, BSFC and Air flow is unlikely.
• Pressure and temperature in the intake manifold : those are controlled quantities that
have to be checked in order to understand if everything worked well during the simulation. In the remainder of the thesis those two quantities will be referred to respectively
as MAP (or BOOST) and MAT.
• Air flow rate
• Turbocharger shaft speed
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• Torque
• Power
• Brake specific fuel consumption BSFC
• Volumetric efficiency
The results are analysed through GT-POST, a plotting and data-handling tool part of
the GT-SUITE environment.
From a preliminary run it was evident that some components of the model were not
performing as expected. This happened because they were quite outdated and it is likely
that the modelled configuration is different with respect to the actual hardware on which
the test have been performed. The first element where this problem is encountered is the
air intake system prior to the compressor that has a direct effect on pressure at compressor
inlet p1. The normal procedure in such cases is to change the number of holes in the orifice
that is simulating the air filter to match p1 at the highest regime. When the match of
this point is ensured, then also the others are expected to get closer to the experimental
values. Another component of the engine whose model derives from previous studies and
for which similar concerns are valid, is the after-treatment. This affects the behaviour
of p4, the pressure at the turbine outlet. In this case, similarly to what has been done
before, the corrective procedure consisted in changing the diameter of an orifice placed
right after the after-treatment section in order to match the pressure at the highest RPM.
Once the calibration at the highest regime has been performed, then good results should
be experienced also at lower RPM.
Once all the controlling and corrective procedure has been explained, it is now possible
to move on the description of the modelling completion for both configurations.

5.1

Mono-scroll configuration

Just one turbine object will be used and the performance map provided by the turbocharger
supplier is implemented in it. What was missing in the GT-Power model was the exhaust
manifold and this has been be obtained using the tool GEM3D included in the GT-Suite
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package. GEM3D is a graphical 3D tool used to convert flow systems modelled with CAD
into 1D format in order to make it possible to use them in the GT-SUITE environment [36].
In order to quickly summarize what has been done, the given shape has been divided
into sections that would later be converted into flow components. In particular, the green
elements shown in Figure 5.1 will be converted into pipes while the blue elements (both
light blue and dark blue) will be converted into flow-splits.

Figure 5.1: Discretization of the 3D actual component into pipes and flowsplits in GT-Suite
environment
The procedure just described allowed to obtain all the required information in terms of
geometry, but that was not sufficient. In fact, the software requires also some information
regarding heat exchange with the walls and friction losses in order to perform all its computations. The latter has not been considered in the elements used to describe the exhaust
manifold because, as explained in the Chapter 3, its effects would otherwise be counted
twice since they are already considered in the valve flow coefficients. Concerning the heat
exchange with the walls, initially the same ”thermal object” given in the ”twin-scroll exhaust” provided by FCA was used. This was later tuned to improve the correlation with
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the experimental results.
The complete model resulting from this approach is shown in Figure 5.2.

Figure 5.2: Complete model of the whole engine system with the mono-scroll turbine

5.2
5.2.1

Twin-scroll configuration
Modelling

For the twin-scroll configuration FCA provided an already discretized version of the exhaust
manifold obtained through GEM3D, in a similar way as the author did for the monoscroll case. The modelling of this configuration presents more challenges. One of the main
issues is the mass transfer that is experienced between the two scrolls due to instantaneous
pressure differences. This is why in this study two different approaches to model this turbine
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configuration have been evaluated and they are described below. One of the main aspects of
this study is then to evaluate what are the differences experienced with the this modelling
approaches and which one can be eventually chosen when evaluating a new engine.
One-map methodology
The first modelling approach considered is the one suggested by Gamma Technologies in
their user manual. In this case a single turbine object is used and just one performance
map is assigned to it, as can be seen from Figure 5.3.

Figure 5.3: Modelling of the turbine according to One-map methodology
This map, as already discussed in the literature, was obtained on a steady state flow
bench and refers to a condition of equal admission in the two scrolls. The twin-scroll entrance
is simulated with two distinct ducts entering the turbine object and with an orifice placed
between those. This component is needed to simulate the mass transfer occurring between
the two scrolls and its diameter has to be calibrated with reference to experimental data
such as pressure at turbine inlet, Pumping Mean Effective Pressure, turbocharger shaft
speed, torque and power. The complete model of the twin-scroll configuration modelled
with One-map approach is shown in Figure 5.4
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Figure 5.4: Complete model of the whole engine system with the twin-scroll turbine (One
map methodology)

Most of the correlation procedure will be performed using averaged parameters, as it
was the case for the mono-scroll configuration. However it was already discussed that the
cross talk between the two scrolls is one of the most difficult aspect to capture. Due to
the dependence of this phenomenon on the instantaneous pressures experienced in the two
scrolls, it directly follows that it would be important to have some kind of information
concerning those quantities. In general those data are not always available, as it was for the
activities performed in the time-frame prior to this study. However, for this project, those
kind of information have been provided by FCA. The measurements have been obtained
with a water cooled absolute pressure sensor provided by Kistler. This is a piezo-resistive
sensor that uses a Wheatstone bridge implanted in a silicon measuring element to generate
an electrical signal that is proportional to the absolute pressure. It is particularly well suited
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for exhaust pressure measurements in internal combustion engines thanks to its compact
size and its ability to sustain temperatures in the excess of 1000◦ C. Figure 5.5 shows the
locations of the two sensors that have been used. The number of sensors comes from the
fact that the exhaust manifold in a twin scroll configuration can be divided in two sections
that are close to be fully separated. The temperatures experienced in the manifold are
below the maximum limit of the sensor. To reduce the influence of the heat, the sensor is
equipped with a integral screen that serves as a heat protector.

Figure 5.5: Water-cooler pressure sensor schematic and installation location

Three-map methodology
A second modelling approach, slightly more complex, is considered for potential improvements in terms of the phenomenon description. It is shown in figure 5.6
In this case the turbine performance is not evaluated using only one performance map,
but three maps are used. One is the the same as in the previous model and refers to the
condition of equal admission. The other two are measured considering the situation in which
one scroll is closed, the conditions that in literature has been defined as single admission.
These three maps are normally the only available and all the other possible in-between
situations have to be handled with these limited data. In order to implement this three-
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Figure 5.6: Modelling of the turbine according to three-map methodology

map approach, what is done is to use a feature of the turbine object that GT-Power offers
to model variable geometry turbines. With this kind of turbines what is normally done
by manufacturers is to make available different performance maps for a discrete number
of rack positions and then, according to the actual rack position sensed by the model, an
interpolation between those maps is performed. Something similar is done in this approach.
In particular, the two turbine objects are used and three turbine maps are assigned to each
one. For each turbine object simulating one scroll, the ”virtual rack” positions have the
following maps assigned:
• Rack position=0 : refers to single admission condition of one of the two scrolls and a

84

5. METHODOLOGY

mass flow multiplier of 1 is assigned to it.
• Rack position=0.5 : refers to equal admission conditions and a mass flow multiplier of
0.5 is assigned to it.
• Rack position=1 : refers to single admission condition of the same scroll of the first
point and in this case a mass flow multiplier of 0.000000001 is assigned to it.
The ”virtual rack” positions are determined from a look-up table that correlates those
positions with the logarithm of the ratio of the pressures sensed for both scrolls at the
turbine inlet. The ”weight” of the maps in this interpolation procedure can be affected
varying the extremes of the x-axis of the look up tables and this is something that will be
analysed in the results chapter. To use the same look up table and to have the same virtual
rack positions referring to the same conditions in the turbine object, then a gain of -1 is
applied to the result of the logarithm of the pressures ratio. To give a better understanding
of this procedure an example is shown in the following.
In Figure 5.7 are shown the pressure profiles that are sensed right before the entrance
into the turbine. For the sake of clarity, it is important to state that those value come from
model computations.

(a) Instantaneous pressure scroll 1-4

(b) Instantaneous pressure scroll 2-3

Figure 5.7: Instantaneous pressure at the turbine inlet
This means that, at the point in which the two manifold branches can communicate,
a consistent difference in pressure will always be sensed. This difference in pressure will
result in a portion of the mass coming from the higher pressure section flowing into the
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lower pressure section before actually coming into contact with the turbine wheel. This
interaction between the two scrolls is simulated in the with the orifice placed before the
turbine object that allow communications between the two flow-splits right at the entrance
of the turbine. The interaction that has just been described is shown in Figure 5.8

(a) Instantaneous pressure difference sensed at

(b) Instantaneous mass flow

the scrolls extremes

Figure 5.8: Instantaneous pressure difference and instantaneous mass flow through the scroll
What actually matters for the previously described algorithm is the logarithm in base
10 of the ratio between the two pressure profiles. Figure 5.9 depiscts its changes, together
with the look-up table used for this particular case (the extremes of the x-axis in this case
are set to 3, but it will be later shown that this is actually a degree of freedom to be tuned)
and the instantaneous value for the rack position. Once this value is computed the software
now knows how to weight the different maps during the interpolation procedure.

86

5. METHODOLOGY

(a) Logarithm in base 10 of the ratio of the in-

(b) Look up table that relates the logarithm of the

stantaneous pressures in the two scrolls

pressure ratio with the virtual rack position

(c) Instantaneous virtual rack position of the tur-

(d) Instantaneous virtual rack position of the tur-

bine object that refers to scroll 1-4

bine object that refers to scroll 2-3

Figure 5.9: Instantaneous values for logarithm of the pressure ratio and rack positions
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The complete model of the twin-scroll configuration modelled with Three-map approach
is shown in Figure 5.10

Figure 5.10: Complete model of the whole engine system with the twin-scroll turbine (Three
map methodology)

88

Chapter 6
Results

6.1

Model Validation

In this section are presented the final results obtained from the correlation phase discussed
in the previous chapter.
In order to give a quantitative measure of how the model is matching the experimental
results, the formula defining the average error and the validation metric are introduced:

Erraverage =

k
X
M (n) − E(n)
1
·
tanh
#of points
E(n)

(6.1.1)

n=1

V = 1 − Erraverage

(6.1.2)

A value of V = 1 would mean that the model outputs perfectly match the experimental
results. For each operating point that has been used in this study, the relative error with
respect to results expected from measurements has been computed. Considering that all
the values computed this way are later added together, the absolute values are considered
so that the total sum is not negatively affected by the alternate presence of positive and
negative values. Before performing this summation, the hyperbolic tangent is applied. The
reason why this function is used is because of its almost linear behaviour in the range [-
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1;1] and its saturation to unitary values outside of that range. This avoids obtaining low
results in terms of V, a parameter that describe the whole range of results, just because
one value coming from simulation is highly different with respect to the measurements. In
order not to weight some RPMs range more than others, the two RPMs relative to 1750
RPM and 5200 RPM have not been utilized when computing this parameter. This choice
allowed to obtain an equal spacing between the other 10 points, making the use of the
previously defined Validation metric correct. However correlation between experimental
results and model results for those two RPM was still checked graphically in order not to
lose some potentially important information. Due to confidentiality reasons, in all the
performance parameters graphs that are used to show correlations with experimental results
and the sensitivity analyses, numerical values on the y axis are hidden.

6.1.1

Mono-scroll Configuration

The quantities that have been chosen in Chapter 4 to perform the comparison are plotted,
both the model outputs and experimental measurements. From those, a qualitative evaluation is performed checking if the trends are respected. In order to give a more meaningful
quantitative evaluation of the correlation with experiments, the validation metric as defined
in equation 6.1.2 is used. The target imposed on the model is the BOOST pressure in the
intake manifold (shown in Figure 6.1(a) ) and it is achieved by changes of the wastegate
orifice’s diameter, through a built-in controller present in the software. Due to the presence
of this controller, the match in terms of BOOST pressure should be close to V = 100%.
It is however good to have a check on this, because some important information can be
obtained for these cases in which the exhaust turbine is not able to recover enough energy
to satisfy the boost requirement. In Figure 6.1(b) it is shown the temperature in the intake
manifold. Also in this case one can expect a perfect match between experiment and model
due to the fact that this quantity is basically imposed through the procedure described
in Chapter 4. As it is expected, the correlation of these variables is well above 99%. It
is already known that the controlled variable that governs this behaviour is the wastegate
diameter and in Figure 6.2 are shown the values that the software has computed in order
to obtain the required boost.
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(a) Manifold Absolute Pressure

(b) Manifold Absolute Temperature

V = 99.23%

V = 99.99%

Figure 6.1: Comparison between model results and experimental measurements for MAP
and MAT - Monoscroll turbine configuration - Numbers on y-axis removed for confidentiality
reason

The general shape of the curve is consistent with expectations. From Figure 6.3 (b) and
Figure 6.5 (a) one can see that increasing the RPM, also the temperatures of the exhaust
gases (until maximum limit is reached) and the available flow at the turbine are higher and
therefore the total enthalpy content available to be recovered becomes greater. This means
that the amount of flow that has to by-pass the turbine increases and if wastegate valve
opening does not satisfy this requirement, then too much energy would be available and
then the boost target would be exceeded.
Once the controlled variables have been checked, then attention is shifted towards the
behaviour of temperatures and pressures at the boundaries of the compressor and turbine.
The results are shown in Figures 6.3 and 6.4. Acceptable results in the order of V = 98%
and more were achieved for all variables with the exception of the temperature measured at
the turbine outlet. In this case, the temperature in the first three RPM points is not well
captured. The reason that has been agreed with advisors from FCA was that in this range
of RPM a post-combustion in the exhaust manifold was occurring.
This phenomenon is very difficult to control and model. When used, it is normally
exploited at low RPM in order to improve the transient performances of the turbocharger
system and to reduce the turbo-lag perceived by the driver when pressing the accelerator.
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Figure 6.2: Wastegate diameter imposed by the model in order to obtain the required
BOOST in the intake manifold - Monoscroll turbine configuration

Basically what happens is that, thanks to the full control of the valve opening allowed by
Uni-air system, at low RPM it is possible to apply a particular boot-shaped profile that
allows to increase the valve overlap in the area where pressure at intake is higher than
pressure at the exhaust. This favourable delta in pressure is exploited to direct part of the
incoming flow directly into the exhaust bringing out with it part of the residuals in the
chamber. This phenomenon allows therefore to reduce the knock propensity of the engine
and at the same time to increase the flow rate in the turbine. This alone would already
allow to spin the turbine faster, but what is also happening is that part of the unburned fuel
that has reached the exhaust manifold may experience some post combustion reaction. In
particular the fuel that will auto-ignite is not coming from the same cylinder from which the
fresh air is directed towards the exhaust, but from the next one in the firing order 1-3-4-2.
This one is in fact in the exhaust phase when the previous one is in the overlap phase. This
phenomenon helps increasing the enthalpy content of the exhaust gas, further increasing
the energy available to be recovered by the turbine and thus helping it in overcoming
the inertia of the whole turbo-charging system. As proof of this phenomenon, one can
consider, referring to Figure 6.3 (c), that for T4 the highest differences between model and
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(a) T2, Compressor outlet
V = 98.63%

(b) T3, Turbine inlet

(c) T4, Turbine outlet

V = 99%

V = 96.64%

Figure 6.3: Temperature comparison between model results and experimental measurements
- Monoscroll turbine configuration

experiments are experienced at 1500 and 1750 RPM, regimes in which the lower values of
trapping ratio are experienced and therefore in which a non-negligible amount of air is shortcircuited in the exhaust manifold. An explanation of the worse correlation of T4 with respect
to T3 has been judged to be that post-combustion was taking place in a location beyond
where the sensor for measuring T3 was placed. The model as it is now is not able to catch
these post-combustion reactions that may be happening in the exhaust manifold and in the
turbine. A post-combustion object is available in the combustion template and at first it
was thought that it might be used to better simulate this phenomenon. However additional
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(a) p1, Pressure at compressor inlet

(b) p2, Pressure compressor outlet

V = 97.88%

V = 97.94%

(c) p3, Pressure at turbine inlet

(d) p4, Pressure at turbine outlet

V = 97.89%

V = 96.8%

Figure 6.4: Pressure comparison between model results and experimental measurements Monoscroll turbine configuration

information concerning frequency factor, reaction order for the fuel, reaction order for the
oxidant, activation temperature, etc. were required and they were not available for this
study.
Once the boundary conditions of both turbine and compressor have been analysed, it
is important to move on to the study of the other important performance parameters that
have been selected in order to evaluate the matching level. Those are shown in figure 6.5.
The model is giving good results in all points with the only exception of 1500 and 1750
RPM in which however it was already discussed that there is a phenomenon that the model
is not able to capture.
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(a) Air mass flow rate

(b) Turbocharger shaft speed

V = 95.66%

V = 96.94%

(c) Volumetric efficiency

(d) BSFC

V = 95.76%

V = 94.03%

Figure 6.5: Comparison between model results and experimental measurements for Air
mass flow rate, turbocharger shaft speed, Volumetric efficiency and Brake Specific Fuel
Consumption - Monoscroll turbine configuration
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To conclude the discussion about the correlation between model and experimental results, it is important to have a look at the two most important parameters that describe
the performance of an engine. They are Torque and Power and their behaviour is shown
in Figure 6.6. The validation metric here shows values in the range of 96% with the worst
results occurred at 4500 RPM where relatives deviation of 6.7% for both quantities are
experienced. Due to the quality of all the other variables at this regime, the difference was
attributed to an overestimated value of the FMEP that came from measurements and that
was then applied to the model.

(a) Torque - V = 95.49%

(b) Power - V = 95.51%

Figure 6.6: Comparison between model results and experimental measurements for Power
and Torque curves - Monoscroll turbine configuration

The conclusion the can be drought from this correlation phase is that the model that
has been set-up is behaving good in terms of matching experimental results. In general
values of Validation metric well above 95% are obtained for all parameters, apart from
the BSFC. It has been discussed where the lower quality in the matching of this variable
comes from and therefore a suggestion for future works is to concentrate on the modelling
of post-combustion in order to better capture the behaviour at low RPMs.
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6.1.2

Twin-scroll Configuration

One-map method
In an initial phase, the diameter simulating the orifice was not modified from the initial
values that were obtained from a preliminary work performed by FCA, with the exception
of cases in which the target boost could not be reached. In those cases it was found out that
this diameter was too large and, as a consequence, the effects of the opening of the exhaust
valves of the next cylinder in the firing order were felt more. This determined a decrease in
the flow rate reaching the turbine that therefore had not enough energy to allow to reach
the required boost. This is why in those cases the diameter was slightly reduced to a value
that allowed to avoid this phenomenon and that was also coherent with the trend of the
regimes. Also in this case it is important to start from the evaluation of the behaviour of
the variables in the intake manifold that are used to control the model. They are shown in
Figure 6.7 and no issue appears. Since the discussion for those two parameters would be
equal as the one performed for the Mono-scroll turbine configuration, it will be not repeated
here.

(a) Manifold Absolute Pressure

(b) Manifold Absolute Temperature

V = 99.44%

V = 99.99%

Figure 6.7: Comparison between model results and experimental measurements for MAP
and MAT - Twinscroll turbine configuration with one map methodology

In Figure 6.8 it is shown the output of the waste-gate controller, that is the dynamic
diameter of the fictitious orifice that simulates the opening and closing of the actual wastegate valve. The increasing trend with respect to the regime (and therefore with the actual
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flow entering the turbine) matches the expectations apart form the first point at 1000 RPM.
It should be considered that in this case the engine is basically operating like a naturally
aspirated engine due to the extremely low requirements in terms of boost. If the wastegate
was closed, the turbine would transfer to the compressor too much work and the boost
target would be exceeded.

Figure 6.8: Wastegate diameter imposed by the model in order to obtain the required
BOOST in the intake manifold - Twinscroll turbine configuration with one map methodology

The comparison in terms of pressures and temperatures at the boundaries of compressor
and turbine are shown in the Figures 6.9 and 6.10. For the sake of clarity, those values are
not the total quantities used by the software when it exploits the information contained in
the performance maps to perform its solution algorithm. The values that are compared in
those figures are the static pressure and temperatures that have been measured through the
appropriate sensors in positions slightly ahead or slightly after the actual inlets and outlets,
with the specific position depending on the physical availability of the system.
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(a) p1, Pressure at compressor inlet

(b) p2, Pressure compressor outlet

V = 98.25%

V = 99.20%

(c) p3, Pres. turbine inlet scroll 1-4

(d) p3, Pres. turbine inlet scroll 2-3

V = 95.58%

V = 94.85%

(e) p4, Pressure at turbine outlet
V = 98.61%

Figure 6.9: Comparison between model results and experimental measurements for pressures
- Twinscroll turbine configuration with one map methodology
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(a) T2, Compressor outlet

(b) T3, Turbine inlet scroll 1-4

V = 99.18%

V = 98.5%

(c) T3, Turbine inlet scroll 2-3

(d) T4, Turbine outlet

V = 98.71%

V = 97.4%

Figure 6.10: Comparison between model results and experimental measurements for temperatures - Twinscroll turbine configuration with one map methodology

All the curves for pressure and temperature show good agreement between modelling
results and experimental results. The validation metric for most of the quantities is in the
range of 98% with slightly lower values (around 94 − 95%) experienced for the pressures in
the two ”different” exhaust manifold sections. Once it has been proved that the boundary
conditions of both compressor and turbine show a good behaviour, it is necessary to move
on to the analysis of other important parameters that helps understanding if the model
is behaving correctly. In particular, in Figure 6.11 are shown the air mass flow rate,the
turbocharger shaft speed, the volumetric efficiency and the BSFC.
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(a) Air mass flow rate - V = 98.19%

(b) Turbocharger shaft speed - V = 98.74%

(c) Volumetric efficiency - V = 90.65%

(d) BSFC - V = 97.46%

Figure 6.11: Comparison between model results and experimental measurements for Air
mass flow rate, turbocharger shaft speed, volumetric efficiency and Brake Specific Fuel
Consumption - Twinscroll turbine configuration with one map methodology

Also in this case the model is in good agreement with the experimental results, especially
for the first two variables with a maximum relative deviation of 4.87% at 3000 RPM for
the air flow rate and 2.48% at 2500 RPM for the turbocharger shaft speed. Slightly worse
results are experienced for the volumetric efficiency with a validation metric of only 90%,
even if the trend is well caught. Also in this case, for the sake of clarity it should be noticed
that this volumetric efficiency is referenced to the intake manifold and not to the ambient.
Concerning the Brake Specific Fuel Consumption, a validation metric of 97.37% is obtained
and the maximum relative deviation is 7.5% at 1000 RPM.
The last two variables for which the correlation check is performed are Torque and
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Power, the two most important parameters when judging the performance of an engine.
They are displayed in Figure 6.12 and again a good agreement is demonstrated as it is
proved by the Validation Metric V well above the 98% threshold.

(a) Torque - V = 98.65%

(b) Power - V = 98.65%

Figure 6.12: Comparison between model results and experimental measurements for Torque
and Power curves - Twinscroll turbine configuration with one map methodology
As a summary, the correlation between experimental data and model results has shown
a high quality also for the engine with the twin-scroll turbine. The values obtained in terms
of Validation metric are even higher than the ones obtained for the mono-scroll analysis.
One reason to explain this is that for the twin-scroll turbine configuration post-combustion
was not occurring. The unavailability of a way to model this phenomenon has been seen as
a quite relevant limitation for the modelling of that configuration.
Once all the comparison in terms of average quantities is done, it is good to have a look
to the crank angle resolved pressure profiles. First of it is good to check if the combustion
model is giving the same in-cylinder pressure profile as the one measured from experiments.
A good match of this variable is critical for the quality of all the exhaust-related variables.
In Figure 6.13 is depicted the correlation between modelling outputs and experimental
measurements of the in-cylinder pressure at 1750 RPM and 5200 RPM, chosen as examples
of low and high RPM.
The most important instantaneous pressure is however the one coming from exhaust
manifold prior to the turbine entrance. This variable will be later used when considering
the tuning of the orifice diameter that simulates the cross talk. It is however important to
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(a) In-cylinder p @ 1750 RPM - V = 99.81%

(b) In-cylinder p @ 5200 RPM - V = 99.74%

Figure 6.13: Comparison between model results and experimental measurements for incylinder pressure - Twinscroll turbine configuration with one map methodology

underline that the experimental pressure trace fo the manifold section collecting exhaust
gases form cylinders 2 and 3 has been found to be not reliable. The pressure sensors
that were used are really precise, but at the same time they may provide unsatisfactory
results due to the possible build up of soot particles on the protector screen of the sensor,
thus altering the measurements . Due to the impossibility of repeating the measurements,
together with advisors from FCA, it was decided to just rely on the pressure measurements
obtained for the section of the exhaust manifold collecting exhaust gases from cylinders 1
and 4. In this case the experimental results are showing the expected behaviour and the
match with the results coming from the model is quite satisfactory. As shown in Figures 6.14
and 6.15, the trend is quite well caught even if there is some issue in term of phasing. One
possible explanation for that comes from the way the exhaust model has been set-up. When
discretizing this element thorough GEM-3D, both pipe and flow-split elements were used.
Pipes are components in which the behaviour changes along the longitudinal dimension while
in flow-splits the condition in one point is equal to the conditions in any other point of the
flow-split. This means that when using this kind of element some information regarding
pressure waves might be lost.
From the analysis of the plots in Figure 6.14 and 6.15 one can see that the validation
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(a) 1000 RPM

(b) 1500 RPM

V = 93.37%

V = 87.83%

(c) 1750 RPM

(d) 2000 RPM

V = 86.47%

V = 84.78%

(e) 2500 RPM

(f) 3000 RPM

V = 90.1%

V = 90.25%

Figure 6.14: Comparison between model results and experimental measurements for the
instantaneous pressure at the turbine inlet - Twinscroll turbine configuration with one map
methodology
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(a) 3500 RPM

(b) 4000 RPM

V = 90.8%

V = 88.92%

(c) 4500 RPM

(d) 5000 RPM

V = 96.9%

V = 89.6%

(e) 5200 RPM

(f) 5500 RPM

V = 88.92%

V = 89.6%

Figure 6.15: Comparison between model results and experimental measurements for the
instantaneous pressure at the turbine inlet - Twinscroll turbine configuration with one map
methodology
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metric V shows still reasonable results with an average value of around 88%. The worst
correlation is experienced at 2000 RPM where a value of 84.78% is obtained. The results
found here are worse with respect to the ones found for the averaged quantities, but they are
sill above 85%, a threshold value below which the quality of the matching is not considered
satisfactory.
Three-map method
This model was derived from the ”One-map” method by applying the proper modifications
to the turbine side. The majority of the variables that have been selected to check if the
model was behaving in the proper way with respect to the experimental results show almost
the same behaviour as in the previous modelling approach and therefore they will not be
reported here. In this section only the variables that are strictly related with the turbine
performances are analysed. Results shown in Figure Table 6.16 and 6.1 illustrate little to
no difference in terms of temperatures at scroll inlet and turbocharger shaft speed for the
two models.
Table 6.1: Comparison of the Validation metric for the two modelling approaches
One Map method

Three Map method

T3

98.5%

98.33%

p3

95.58%

92.67%

PMEP

69.05%

62.01%

Torque

98.65%

98.07%

Power

98.65%

98.08%

p3 @ 1750 RPM

84.87%

77.43%

p3 @ 5200 RPM

88.9%

88.67%

From the same table it can be seen that more difference between the two approaches is
evident for p3, with the one map model showing results that better match the experimental
measurements. For the more complex model the pressure at the exhaust is slightly overestimated. This is also evident in the instantaneous pressures, in particular at lower RPMs
(see Figure 6.17(a) ).
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(a) T3, Temperature at turbine inlet (scroll 1-4)

(b) p3, Pressure at turbine inlet (scroll 2-3)

(c) Turbocharger shaft speed

(d) Pump Mean Effective Pressure, PMEP

(e) Torque

(f) Power

Figure 6.16: Comparison between the two twin-scroll modelling possibilities for some performance parameters
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If this pressure is higher, then the work necessary to expel the exhaust gases is increased.
This is equivalent to say that the Pumping Mean Effective Pressure PMEP is increased.
This in turn results in a slight reduction of both Torque and Power for the three map
method, as shown in Figure 6.16.

(a) Pressure in the exhaust manifold part relative

(b) Pressure in the exhaust manifold part relative

to cylinders 1 and 4 at 1750 RPM

to cylinders 1 and 4 at 5200 RPM

Figure 6.17: Comparison between the two twin-scroll modelling possibilities for some performance parameters

6.2

Sensitivity of One-map model configuration to changes
in the orifice diameter

As it was already mentioned in the previous section, one of the main issues concerning the
modelling of the twin-scroll configuration is the way in which the interaction between the
two scrolls is simulated. Due to constraints in the build-up of the actual component it is not
possible to completely separate the two sides and therefore an interaction is experienced.
The provided performance maps refer to steady state conditions with equal upper pressure
conditions and this interaction is not accounted for. It is therefore necessary to place
an orifice right before the turbine object so that the two pipes objects connected to it
(refer to figure 5.3) are allowed to communicate and a mass flow between the two due to
the instantaneous pressure profiles could occur. Due to the fact that the magnitude of
this interaction is different depending on the RPM, then the orifice’s diameter has to be
calibrated for each operating point in order to match experimental results. A set of values
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for this parameter (shown in green in Figure 6.18) was already present as result of the
preliminary study started by FCA, but that later had to be aborted due to other projects
coming into play. This set of values is the one that has been used during the correlation
phase, apart from some changes that have been applied at low RPMs where the target boost
could not be reached. Later in this chapter it will be shown that this low speed range is
actually the more sensitive to this kind of change. The increasing trend in the dimension of
this variable reflects the greater interaction that occur at high RPMs due to the increased
mass flow arriving to the turbine.
In this section a sensitivity analysis to changes in this variable has been performed in
order to evaluate how the different engine performance parameters were affected. Maximum
changes of ±4mm were applied.For the sake of clarity, only values relative to diameters
reduced of 2 mm and 4 mm and diameters increased of 2 mm and 4 mm are displayed, as
can be seen starting from Figures 6.18 The actual analysis also covered the intermediate
values (each 0.25 mm). Clearly for the range 1000-2000 RPM the value of the diameter could
not be reduced as in the other cases, given the already limited dimensions of the original
value. This explains why in this range the purple and light blue curves show diameter values
set equal to 0.

Figure 6.18: Variation in diameter of the orifice simulating the cross-flow phenomenon for
the sensibility analysis
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Since the change that is being performed deals with the turbine element, attention
will be focused on exhaust-side related parameters and general performance parameters
such as torque and power. Figure 6.19 illustrates how this change affects some important
performance parameters. With regards to temperatures and pressures prior to the turbine,
the attention is focused on just one scroll since the same behaviour is experienced by both.

(a) Temperature at turbine inlet,scroll 14

(b) Pressure at turbine inlet,scroll 14

(c) Turbine shaft speed

(d) Pumping mean effective pressure

Figure 6.19: Sensitivity of some performance parameters to changes in the diameter of the
orifice simulating the cross-flow phenomenon - One map approach
As far as temperature is concerned, it can be seen that this parameter shows very small
changes (with a maximum of 0.6%) when acting on this diameter. In particular, higher
temperatures are experienced when decreasing the diameter, while temperatures are lower
when increasing the diameter. Increasing the diameter seems to improve the match between
experimental and modelling results. Pressures show a similar trend with a maximum change
in the order of 0.87%. However there are some problems between 1500 and 2500 RPM. As
it is clearly shown in Figure 6.20, what is actually happening in this range of RPM is that
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the model is not able to reach the targeted BOOST. Therefore also all the other variables
are poorly predicted. Outside this problematic range, the other RPMs show almost no
sensitivity to changes in the orifice diameter.

Figure 6.20: Sensitivity of the targeted boost to changes in the diameter of the orifice
simulating cross-flow - One map approach
A very similar result is experienced when considering the average shaft speed. In the
bottom left corner of figure 6.19 are shown the PMEP’s variations with the diameter. After
having pointed out the very limited sensibility of the average p3, the fact that the pumping
losses are increasing when reducing the diameter may look strange. In order to show where
this difference comes from, the pV diagrams of three RPMs are depicted in Figure 6.21. One
can see that reducing the diameter, the area representing the pumping losses is increasing
for 5500 RPM and 3500 RPM. The same can not be said for 1750 RPM. It has already
been pointed that this operating point is part of a RPM range for which increasing the
diameter (even of only few millimetres) brings the model in a condition where the target
BOOST cannot be achieved. As a consequence all the results for the other variables are
spoiled. It will be later shown that this increased work in removing the exhaust gases from
the cylinders can be explained by the change in the instantaneous profile of the pressure at
the turbine inlet.
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(a) 5500 RPM

(b) 3500 RPM

(c) 1750 RPM

Figure 6.21: Sensitivity of pV diagrams to changes in the diameter of the orifice simulating
the cross-flow phenomenon - One map approach

The last two average performance parameters that will be discussed before moving on
to the response of this instantaneous pressure are torque and power and they are shown
in Figure 6.22. It appears that, in coherence with the behaviour of the PMEP, with increasing the diameter both torque and power decrease while with decreasing the diameter
both parameters increases. In both directions, the maximum change is around 3% and is
experienced in the range 3000-5500 RPM. At low RPMs it is present the same problem
when increasing the diameter that has been discussed before. Moving on to the instantaneous pressures at turbine inlet, in Figure 6.23 are shown in a compact way the effects of
changes in the considered diameter to these pressure profiles along the complete cycle for
all 12 RPM values.
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(a) Torque

(b) Power

Figure 6.22: Sensitivity of Torque and Power to the changes in the diameter of the orifice
simulating the cross-flow phenomenon

Figure 6.23: Sensitivity of the instantaneous pressure profiles at turbine inlet to changes in
the diameter of the orifice simulating the cross-flow phenomenon - One map approach
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In particular in the top of Figure 6.23 circled in red it is shown that reducing the
diameter, a secondary peak right next to the first one is forming. This behaviour on one
hand seems to match better the experimental results for high RPM, but on the other hand
it is also the cause of the increase in the PMEP that has been previously described.
If the diameter is increased, the communication between the two scrolls is increased and
therefore the turbine behaviour is closer to that of the Mono-scroll. The appearance of two
other peaks shifted by 180◦ with respect to the main ones is a evidence of this (circled in
green in Figure 6.23). The fact that increasing the diameter the turbine starts operating
more like a mono-scroll turbine has been confirmed by FCA advisor to be the most likely
cause of failure to reach the boost target in the ”problematic” range. This behaviour in
fact matches reality. Increasing the diameter, the negative effect of the exhaust peak of the
next cylinder in the firing order (1-3-4-2) is experienced to higher degree. This leads to
a reduction in the volumetric efficiency that in turn, with closed WG, means less air and
therefore reduced flow rate in the turbine. As the result, less energy is recovered from the
turbine and at certain RPMs target boost is not achieved. In order to gain more detailed
understanding about the changes occurring in the pressure profile, two engine speeds are
considered, one representing the low speed range (1750 RPM) and the other representing
the high speed range (5200 RPM).
Concerning the low speed range, in Figure 6.24 it can be seen that the behaviour is very
little sensitive to changes when reducing the diameter. On the other end, improvements in
the correlation is shown when increasing the diameter. The amount of improvement is not
as much as it could be at first thought when looking at the figure. The curves plotted here
refer to situations in which the required target boost was not achieved and therefore all the
results are not fully reliable. Anyway, some percentage point fraction of improvement in the
range 0.10−0.15% are experienced when increasing the orifice diameter up to the maximum
value after which target boost can not be reached any more. For this configuration, those
extremes values are listed in Table 6.2.
In figure 6.25 it can be seen that for the high speed range reducing the diameter improves
the correlation with the experimental data. On the other hand, increasing the diameter
distorts the pressure profile with the appearance of peaks each 180◦ showing that the turbine
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Figure 6.24: Sensitivity of the instantaneous pressure at turbine inlet to changes in the
diameter of the orifice simulating the cross-flow - One map approach
Table 6.2: Maximum diameter of the orifice that simulates cross-flow
RPM

Maximum Orifice diameter

1500

1.25 mm

1750

2.25 mm

2000

3.75 mm

2500

7 mm

behaviour is approaching to the one of a mono-scroll turbine.
As the outcome of this analysis it was observed that:
• Increasing the diameter, the matching with experimental results in terms average
quantities is improving
• Increasing the diameter, the matching with experimental results in terms of instantaneous pressures ahead of the turbine is worsening
This behaviour clearly is not the expected one since one would expect that if one change
is providing improvements under one point of view, then changes in the same direction
should be expected also considering the other point of view. Taking into account also the
issues that have been experimented with the instantaneous pressure measurement of the
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Figure 6.25: Sensitivity of the instantaneous pressure at turbine inlet at 5200 RPM to
changes in the diameter of the orifice simulating the cross-flow - One map approach

exhaust manifold section collecting exhaust gases form cylinder 2 and 3, it is suggest a
repetition of all the instantaneous pressures measurements. This would allow to perform a
more complete and reliable analysis.
Once the analysis in the range ±4 mm has been performed it was decided to evaluate
what would happen in the extreme situation of Orifice diameter fully opened. The main
goal was to understand if the issue with reaching the target boost was present also for
higher RPMs. From the analysis of figure 6.26 it clearly appears that this is not the case.
Only at 3000 RPM the boost that the model is capable of providing is slightly lower than
the required one from experiments. At RPM higher than 3000 the target boost is achieved
without any problem. The conclusion that has been reached is that in the lower range the
energy content of the exhaust gas is not enough to always guarantee the required target to
be respected.With reference to figures 6.9 and 6.10, it can be seen that in the ”problematic
range” low the energy content of the exhaust gases is not enough to counterbalance the
negative effects coming from higher interaction between the pulses caused by the increasing
of the orifice’s diameter.
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Figure 6.26: Sensitivity of the targeted boost to extreme changes in the orifice diameter
simulating the cross-flow - One map approach

6.3

Sensibility of Three-map model configuration to changes
in the diameter that simulates the cross-flow phenomenon

The same analysis that has been performed for the One-map method has been repeated for
the Three-map method in order to evaluate if differences in the sensitivity were experienced.
This could potentially result in being a decisive factor when deciding which modelling
approach has to be used. The analysis will start from the same initial diameters and the
same range of changes for this parameter has been considered (shown in Figure 6.18). As it
can be seen from Figure 6.27, the problems in reaching the BOOST target are experienced
also in this case. Again only the values relative to -4mm, -2mm, +2mm and +4mm will
be graphically shown in the next figures for the sake of clarity. If this graph is compared
with the one shown in Figure 6.20 it can be seen that both models experience the same
problems in the same range. The main difference is that the three map method seems to
require higher orifice diameters in order to show the same issue. The maximum values that
can be assigned in this ”problematic range” for this modelling approach are shown in Table
6.3. However, in this range the average parameters show low sensitivity to changes in the
considered diameter, therefore this higher margin before facing troubles is not particularly
helpful in achieving a better match with experimental results for these variables.
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Figure 6.27: Sensitivity of the targeted boost to changes in the orifice diameter that simulates the cross-flow phenomenon - Three Map
Table 6.3: Maximum diameter of the orifice that simulates cross-flow - Three map
RPM

Maximum Orifice diameter

1500

2.75 mm

1750

3.75 mm

2000

4.5 mm

2500

7.25 mm

In Figure 6.28 it is displayed how the changes in this diameter affect all the performance
parameters that have been discussed also in the previous analysis. If these results are
compared with the one from the previous section, it can be seen that the experienced
trends are quite the same. With reference to the variables for which numeric examples
have been provided in the previous section, in this case the temperature show a maximum
variability of 0.64%, the pressure of 1.57% and the torque of 3.71%. The three-map model
appear to be slightly more sensitive, but the difference amount does not justify to use one
model rather than the other. Sensitivity to this change cannot be used as a determining
factor when deciding which of the two modelling approach should be used.
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(a) Temperature at turbine inlet,scroll 14

(b) Pressure at turbine inlet,scroll 23

(c) Turbine shaft speed

(d) Pumping mean effective pressure

(e) Torque

(f) Power

Figure 6.28: Sensitivity of some performance parameters to changes in the diameter of the
orifice simulating the cross-flow phenomenon - Three map approach
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The same conclusion could be reached if instantaneous pressures at turbine inlet are
considered, as it is shown in Figures 6.30 and 6.29. It can be seen that also in this case
when increasing the diameter the turbine starts behaving like a mono-scroll one and two
peaks shifted of 180◦ with respect to the main ones appears (circled in green in Figure
6.30). This change in the pressure profile is again the one responsible of the impossibility
to reach the target in the range 1500-2500 RPM. Similarly as in the previous case, when
decreasing the diameter secondary peaks close to the main one appears (circled in red in
Figure 6.30). This profile change is again cause of the increase in PMEP (see Figure ??)
that is then cause of reduction in power and torque and increase in BSFC. As it was already
experienced in the previous case, any change to the considered diameter that will result in
a improved match of the average parameters will cause a worsening in the match of the
instantaneous pressure.

(a) 1750 RPM

(b) 5200 RPM

Figure 6.29: Sensitivity of the instantaneous pressure at turbine inlet to changes in the
diameter of the orifice simulating the cross-flow - Three map approach
This is even more relevant for the three-map method because, as already discussed in
previous section, the match of average results for this model is worse than for the One-map
method, when same original orifice diameter for both configurations is considered. This
means that if at least same results needs to be obtained in terms of average quantities, than
the match of the instantaneous pressure profile will be much worse.
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Figure 6.30: Sensitivity of the instantaneous pressure profiles at turbine inlet to changes in
the diameter of the orifice simulating the cross-flow phenomenon - Three map approach

This model gives an additional degree of freedom that is represented by the extremes of
the x-axis of the look-up table used to interpolate between the three maps. What has been
decided in agreement with FCA advisor was to optimize the match of the average results
acting on the diameter that simulates the cross-flow. As consequence of what has been said
up to now, this would result in a worsening of the instantaneous pressures matching.
In the next section a sensitivity analysis of changes of the extreme values of the x-axis
of the look-up table will be performed. This parameter allow to modify the weight of the
performance maps during the interpolation procedure. From this it will be analysed if it is
possible to recover the worsening experienced in terms of instantaneous pressures, without
a significant change of the average values. The profile that came out from this optimization
procedure is shown in Table 6.4. The diameters that were chosen are the ones that were
actually giving the best matching in terms of power and torque. In particular for low
RPMs they correspond to the maximum diameters that can be used before boost target is
not reached any more.
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Table 6.4: Profile chosen to improve the correlation with average quantities - Threemap
method

6.4

1000

0 mm

1500

2.75 mm

1750

3.75 mm

2000

4.5 mm

2500

7.25 mm

3000

14 mm

3500

14.75 mm

4000

15 mm

4500

17 mm

5000

17 mm

5200

17.25 mm

5500

18 mm

Sensitivity analysis to the change in the extremes of the
x-axis of the look-up table that control interpolation of
the performance maps - Three-map modelling approach

In this section a sensitivity analysis to the extremes of the x-axis of the look-up table that
control interpolation of the performance maps. These have been varied from an initial value
of ±3 to values of ±1, ±2, ±4 and ±5. The average value of the ”virtual rack positions”
along the entire cycle computed for each RPM is illustrated in Figure 6.31. In this figure
5 different curves are shown for the 5 different cases considered in the sensibility analysis
performed in this section.
One can see that the original configuration was operating quite close to a value of 0.5.
As presented in Chapter 4, this value refers to the use of equal admission map. The fact
that the average rack position is close to this value means that conditions are not too far
from the One-map approach. Increasing the extremes of the look-up table, values closer to
0.5 will observed and therefore the three map model is forced even more to behave like the
one-map model. In contrast, when reducing the values of those extremes the average rack
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Figure 6.31: Virtual rack position as function of engine speeds for different extremes of the
interpolating law

position assumes a value closer to 0 and 1, that refers to single admission conditions. The
”weight” of those maps therefore increases.
In Figure 6.32 it is shown the first outcome of this analysis: the model is reaching the
target boost for the whole range of changes that has been considered. This was not the
case when changes in the diameter were considered, so it was good to make this check here.
Once it was found that this potential source of troubles was not occurring with this kind of
changes, one can focus on the instantaneous pressure at the turbine inlet. The results are
shown in Figure 6.33. At low RPMs the model is quite sensitive to those changes. From
previous analysis it was already shown that results from the One-Map method were already
far from the experimental ones. In addition, it has also been shown that the Three-Map
method with the original extremes set to ±3 is behaving even worse. When reducing these
extremes the match with experimental results gets worse. In contrast, when increasing
these extremes the model gets closer to the results of the One-map method. This could
have been expected, since when changing the extremes of the x axis of the look-up table in
this direction the model is forced to work more and more like a One-map model.
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Figure 6.32: Boost pressure target as function of RPM for different extremes of the interpolating law

(a) 1750 RPM

(b) 5200 RPM

Figure 6.33: Analysis of the the sensitivity of instantaneous pressures at turbine inlet at
different RPMs fo changes in the extremes of the interpolatinglaw

At high RPM the pressure does not change much with changes in the extremes of the
look-up table. This is true for all the considered cases with exception when the extremes are
set to ±1, where more significant changes in terms of profile are experienced. However from
analysis of other parameters it will appears that this value completely spoils the results of
all the average quantities.
Similar trends are shown also for the averaged variables in Figure 6.34.
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(a) Temperature at turbine inlet

(b) Pressure at turbine inlet

(c) Turbocharger shaft speed

(d) Pumping Mean Effective Pressure

(e) Torque

(f) Power

Figure 6.34: Analysis of the sensitivity of some performance parameters expressed as function of RPM to the change in the extremes of the interpolation law
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From the three sensitivity analyses that have been performed it can be concluded that
the three map method does not provide any significant advantage compared with the one
map method.
• When the same orifice diameter was used, the three-map method results in worse
matching with experimental results, both in terms of averaged variables and instantaneous pressure before the turbine. (see first two columns of Table 6.5)
• Changing the orifice diameter to optimize the matching of torque and power gave
results, in the best case scenario, only equal to the one-map method (for which this
optimization has not even been performed). However this is accompanied with poor
matching of the instantaneous variables. (see first and last columns Table 6.5)
• Changing the extremes of the x-axis of the look-up table, the best results were obtained
when the model was forced to work using mostly the equal admission map, therefore
when it was operating as the one map model
• With this method it is added another parameter (the extremes of the x axis of the
look-up table) that has to be tuned so that model results match experimental results.
This only decrease the capability of the model of predicting results outside of the
values on which correlation has been performed.
Table 6.5: Validation metric for exhaust side variables and performance parameters
One Map method

Three Map method

Three map method ”optimized”

T3

98.5%

98.33%

98.46%

p3

95.58%

92.67%

93.03%

PMEP

69.05%

62.01%

59.67%

Torque

98.65%

98.07%

98.67%

Power

98.65%

98.08%

98.68%

p3 @ 1750 RPM

84.87%

77.43%

79.54%

p3 @ 5200 RPM

88.9%

88.67%

85.81%

The outcome of these sensitivity analysis is that for the given engine, with the given
experimental data and with the model that has been developed, One map method is per-
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forming better in correlating with experimental results. This however does not means that
three-map method. A study on ways to improve the algorithm that controls the interpolation between the maps is suggested in order to evaluate if effective advantages can be
obtained from a method that consider a wider range of information.
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Chapter 7
Conclusions and Recommendations

The objective of this thesis was to perform a 1D modelling study on an engine for which
two turbine configurations were considered: the mono-scroll and the twin-scroll. The results
obtained from the models were compared with experimental data provided by FCA in order
to evaluate the quality of the match. More attention was given to the twin-scroll configuration in order to assess if a more complex modelling procedure that included an higher
number of performance maps could help in obtaining a better match with the experimental
results. In particular, the effects of changes that simulates the phenomenon of the cross
talking were evaluated. The following conclusions/outputs were obtained:
• A complete model of the Mono-scroll configuration was developed and then correlated
with experimental results. In order to evaluate the quality of the model a parameter
called Validation Metric was introduced. Values of V around 95 − 96% were obtained
for most of the variables that have been used to perform the correlation. The minimum
value of V=94.03% was obtained for the volumetric efficiency
• A complete model of the Twin-scroll configuration was developed. As before the
Validation Metric V was used to evaluate the quality of the model. Values in the
order of 96 − 97% were obtained for most of the variables with a minimum of 90.65%
for the volumetric efficiency
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• A sensitivity analysis to changes in the orifice diameter that simulates cross-flow has
been conducted. It was found that any change that improved the matching of averaged
variables worsened the matching of instantaneous pressure prior to turbine entrance.
• Among the two considered modelling approaches for the twin-scroll configuration, the
more complex three-map method was not found to give advantages over the one map
method. Matching with experimental results was slightly worse and an additional
parameter to be tuned (the extremes of the x-axis of the look-up table that controls
the weight of the different performance maps during the interpolation phase) was
added. This only reduce the ability of the model to predict results when used outside
of the 12 RPM values on which the correlation phase has been performed.
The following recommendations for future works are suggested:
• Modelling of post-combustion for Mono-scroll, an important phenomenon occurring
at low RPM, was not performed due to lack of the required data it was impossible to
implement it. It is therefore suggested to work on this aspect in future.
• Considering the problems experienced in the pressure profile acquired from one of the
two Kistler sensor, the author suggests to perform again this measurements. Performing two measurements sessions and interchanging the two sensors between one session
and the other could help detecting if something wrong with one sensor is happening.
• Additional studies on the algorithm that controls the interpolation between the maps
are suggested in order to evaluate if the more complex modelling procedure can help
reaching significant advantages in matching experimental results.
• It is recommended to perform a transient analysis. This would allow to have a more
complete comparison between the two configurations. The models obtained in this
study can be seen as a good starting point to perform this kind of analysis.
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